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Abstract

Locally resonant metamaterials (LRMs) have recently emerged and shown potential in the
field of noise control engineering, given their superior noise and vibration reduction perfor-
mance in tunable frequency ranges, referred to as stop bands. This paper aims to experimen-
tally assess the potential of LRMs to suppress flow-induced noise and vibration of coupled
vibro-acoustic systems such as a cavity-backed plate. At first, the vibrations of a flat plate
under a turbulent flow excitation are measured and analyzed. Subsequently, different LRM
solutions are designed to tackle the vibrations of the plate. In a second stage, a hard-walled
backing-cavity is coupled to the system and the noise radiation due to the vibrations of the
plate into the backing cavity is evaluated. The plate is then treated with the designed LRM
configurations. The results show that the designed LRM solutions are able to reduce the
vibrations and noise radiation of the system due to a turbulent flow excitation.

Keywords: Locally resonant metamaterials, Stop bands, Flow-induced noise and
vibration, Vibro-acoustic systems

1. Introduction

In the past years, the mitigation of flow-induced vibration and the associated noise has
gained importance with the goal of reducing the noise levels and improving the comfort in
vehicle and aircraft cabins [1-3|. For instance, in the automotive sector, the vibrations found
on the underbody of a moving car are induced by an unsteady turbulent flow, which leads
to unsteady pressure loads on the floor of the vehicle, causing noise to be radiated into the
cabin of the car. Similarly, for an aircraft, the turbulent boundary layer (TBL) developing
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over the fuselage causes pressure fluctuations that can excite structural vibrations as well as
noise, which can be transmitted through the fuselage and radiate into the cabin, affecting
directly the comfort of passengers [4]. For such applications, flow-induced noise and vibration
are typically a low frequency problem, where the highest energy content is present below
1000 Hz |5, 6].

A variety of studies have been developed to obtain a good prediction of these pressure
loads in order to characterize this Noise, Vibration and Harshness (NVH) behavior [7—
10]. For example, in the work of Klabes (2017) [7], a tool chain is developed to estimate
the vibrations of an aircraft fuselage at cruise flight conditions, in which Computational
Fluid Dynamics (CFD) and various semi-empirical approaches are used to calculate the
TBL excitation, while in the study of Marchetto (2017) [9], a methodology is developed to
characterize the structural response of flat plates under TBL excitation without conventional
measurement techniques such as a wind tunnel. The approach is based on separating the
contributions of the forcing excitation and those of the dynamic behavior of the structure.
The methodology is shown to give a good estimation of the vibrational response when
compared with direct measurements in an anechoic wind tunnel.

Apart from the TBL-induced phenomena, the effects of a turbulent flow around bluff
bodies are also of significant importance [11]. For a bluff cylinder, as a result of boundary
layer roll-up, alternating vortices are created and shed, which continue to grow under contin-
uous injection of circulation from the cylinder shear layers until they become strong enough
to draw the shear layers across the wake [12]. These vortices stop building up in strength and
shed away from the cylinder as the vorticity with an opposite sign in sufficient concentration
cuts further supply of circulation to the forming vortex [13]. This phenomenon can have
tonal as well as broadband characteristics for low and high Reynolds numbers, respectively,
and is often referred to as vortex-shedding [14]. A practical problem of this phenomenon
may be, for example, when the turbulent flow finds a bluff component on the underbody
of a moving car or even a luggage rack on its roof, which can generate greater noise levels
inside the car’s cabin.

Different solutions to mitigate flow-induced noise and vibration have been studied and
developed: from the addition of mass and/or modifications on the system’s stiffness to
the use of damping layers as well as active control approaches [15-17]. For example, in
the study of Graham (1996) [15], some passive techniques are applied and investigated on a
simply supported elastic plate, representing a fuselage of an aircraft, under a boundary layer
excitation. The authors found that increasing the structural damping and decreasing the
skin stiffness and number of reinforcements can reduce the radiated sound of the fuselage.
While in Barton (1981) [16], the addition of mass and skin stiffness are assessed and applied
to an aircraft fuselage. The authors indicated that adding either mass or stiffness to the
fuselage skin can improve the sidewall attenuation and that a honeycomb stiffness treatment
provided more improvement at most frequencies than an equal amount of added mass. In
Maury et al. (2001) [17], an active control approach is applied to reduce the flow-induced
noise transmitted through a plate. The used active control strategy was able to attenuate
the sound power radiated by the structure by suppressing specific radiation modes up to
1 kHz. However, passive countermeasures often lead to heavy as well as bulky NVH solutions
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and may not perform desirably in the lower frequency range [18]. Active solutions may work
well at lower frequencies, however, these are more demanding to implement, typically more
expensive and always require energy supply.

Among potential solution techniques to tackle the low frequency range, the approach of
applying multiple resonant elements to an elastic host structure has been largely investigated,
for which the potential of creating an apparent damping effect induced by an optimal tuning
of the attached resonators is typically of interest [19-23|. In this case, the damping effect
relies on the the net force that the non-nominally equal tuned resonant additions exert back
on the primary structure as they start to oscillate and not on the classical energy dissipation
mechanisms. Such approach offers the benefit of achieving a superior vibration insulation
over broader frequency ranges due to the strategic frequency distribution of the resonators.
For example, in the work of Ko¢ et al. (2005) [21], a study is performed on an energy
trapping concept for vibration attenuation. The authors concluded that a set of resonant
elements can collectively absorb and retain vibratory energy for a particular distribution of
their natural frequencies. In the work of Carcaterra et al. (2012) [22], a shock absorbing
device for aerospace practical applications that consists of a set of optimally detuned res-
onators that absorb the vibration energy of a primary structure is developed. The results
show that the device is effective to reduce the vibrations within the desired frequency ranges.
Albeit such technique does not require a fine-tuning of resonators and offers the benefit of
achieving a superior vibration insulation over broader frequency ranges due to the strategic
frequency distribution of the resonators, this typically occurs at the expense of reducing the
peak attenuation of vibrations at a targeted (tonal) frequency since, for this case, several
frequencies are targeted instead of one. Besides, when the multiple resonant elements are
only added at one location, as for example in the work of Carcaterra et al. (2012) |22], possi-
bly only local vibration reduction is achieved in the case of large structures with distributed
excitation. When multiple of these multi-resonant structures are added to a structure, the
solution might become rather heavy and large, which can constrain the application of the
solution, depending on the available installation space at the desired location. Besides, a
trade-off between peak performance at a tonal frequency and broadband reduction often
needs to be made. Thus, in the context of flow-induced noise and vibration, where tonal
issues often occur and achieving a more global vibration reduction over the entire net area
of the structure can be of interest, innovative solutions are required to tackle the conflicting
requirements of achieving a good NVH reduction performance at low (tonal) frequencies as
well as a lightweight and compact design.

Recently, LRMs have proven to be good candidates to tackle (tonal) frequencies at the
low frequency range by combining a lightweight and compact design and superior peak
attenuation performance with an excellent global vibration reduction over the structure of
interest in desired frequency regions, known as stop bands. They are frequency zones where
free wave propagation is not allowed [24]| and can be created by the addition of nominally
equal tuned (fine-tuned) resonators to an elastic host structure on a subwavelength scale
i.e. on a scale much smaller than the wavelength of the targeted structural waves |25, 26|.
In LRMs, the stop band creation is due to a Fano-type interference [27, 28|. Stop bands
are typically predicted by the computation of dispersion diagrams, which can be calculated
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by unit cell (UC) modeling, using a finite element (FE) model in combination with the
Bloch-Floquet theorem [29, 30].

LRM concepts have been designed and experimentally investigated for several engineering
applications, covering a wide range of vibro-acoustic excitation mechanisms [31-34]. On the
one hand, several studies are performed using a structural excitation by a point force, such
as impact hammer. For example, in Wu et al. (2008) [31], a LRM plate is studied and excited
by a pulsed laser fixed in one point on the host to generate broadband elastic waves. In the
study of Jung et al. (2019) [32], resonators are attached to an automobile dash panel, in
which both structural and noise radiation responses are evaluated when excited by an impact
hammer. On the other hand, some studies are carried out by utilizing an acoustic source.
In the study of Hall (2017) [33], the diffuse field sound transmission loss (STL) of gypsum
plasterboard and aluminum panels, respectively, with periodically attached beam-shaped
resonators was measured. In the work of Filho et al. (2020) |34, the acoustic insulation
of LRM double-panel partitions with a foam core is evaluated. Nevertheless, these works
do not carry out any assessment on the LRM reduction performance in structures under
an aerodynamic excitation. In Wang et al. (2017) [35], an analytical study is performed
to predict the STL of a LRM plate under the influence of an external mean flow. The
authors found that as the Mach number increases, it helps to achieve higher STL below
the coincidence frequency but impairs the system’s acoustic insulation above coincidence.
However, given that the analytical model in study is homogenized, it does not take into
account the fact that significant pressure fluctuations may occur while a turbulent flow
excites the system. Besides, an experimental verification that LRMs can work in such
conditions is not provided.

For this reason, the present paper proposes to experimentally investigate the potential of
LRMs to improve flow-induced noise and vibration insulation in the lower frequency range
below 1000 Hz. This investigation is performed by analyzing the vibrations of a flat plate
and, subsequently, its sound radiation into a hard-walled backing-cavity coupled to it, for
different flow conditions. Different LRM solutions are designed, produced and tested to
assess the vibro-acoustic performance of the system excited by a grazing flow and a flow
over a bluff obstacle.

The paper is organized as follows. In section 2, the types of flow excitation and the vibro-
acoustic system used in the work are introduced. Section 3 presents the LRM designs and the
methodology for the stop band prediction, which makes use of UC modeling. In section 4, the
experimental results regarding the use of LRMs to reduce flow-induced noise and vibration
of a cavity-backed plate are presented and analyzed. Lastly, section 5 summarizes the main
findings of this paper.

2. Problem definition

In this section, firstly, the test set-up configurations is introduced. Subsequently, the
characteristics of the flow conditions used to excite the system are analyzed. Lastly, the
vibro-acoustic system used in the work to investigate the application of LRMs to reduce
flow-induced noise and vibration is introduced and its bare responses evaluated.
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2.1. Test configurations

The presence of flow can lead to different types of NVH issues, thus, studying the po-
tential of LRMs to target different flow conditions is important. Two flow phenomena
are studied in this work for which a LRM solution is applied: (i) a TBL excitation and
(ii) vortex-shedding in a wake of a bluff body, exciting the system.

To perform the study, this work uses a test-rig that consists of a small wind tunnel
formed by aluminum duct sections, and built in connection with two roots blowers added in
parallel, which can provide constant air flow rates [36]. The flow is led through an aftercooler
to ensure nearly constant conditions for the tests.

Two set-up configurations are utilized in the investigation, which are placed on a side-
wall of a test duct section with cross-sectional dimensions 150 x 75 mm: (i) a flexible flat
plate and (ii) a cavity-backed plate, as illustrated in Figure 1 a) and b). Information about
the characteristics of the systems is given in the next sections.

In the same duct section, the flexible plate can be replaced by a rigid wall containing an
array of microphones while keeping the same position in the set-up, as shown in Figure 1 ¢).
The latter configuration is used in this work in order to have an estimation of the flow
characteristics for the considered aerodynamic loads over the flexible flat plate. This strategy
is a good and faster alternative to using CFD and/or semi-empirical approaches to estimate
the pressure loads for the application in study since it is not computationally demanding
and can give a very good approximation of the aerodynamic excitation in reality. The grid
spacing between each microphone is 30 mm in the x and y directions, which is chosen to
be subwavelength with respect to the structural wavelength for the considered structure at
1000 Hz. However, in order to have a more detailed information about the aerodynamic
characteristics of the excitation, a finer grid of microphones is needed, but since it is out of
the scope of this work, this is not done.

In this paper, mainly two quantities are used to evaluate the noise and vibration behavior
of the systems, namely, the power spectral density (PSD) autopower of pressure and velocity,
respectively. The PSD autopowers are computed from the measured time signal by using the
Welch’s method [37] for a frequency resolution Af = 1 Hz, with 150 averages and Hanning
window [38] applied with 25% overlap.
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Figure 1: Schematic illustration of the test duct section containing the a) flat plate, b) cavity-backed plate
and c) array of microphones.

For the grazing flow excitation, a flow of air with different average flow speeds is used: (i)
UM =9m/s (ii) U® = 14 m/s and (iii) U® = 19 m/s. These average speeds are calculated
based on the measured flow rates by a flow meter mounted in the test-rig for a location in
which the cross-sectional area is constant for a length of 2 meters, namely Q) = 370 m?/h,
Q® = 570 m*/h and Q® = 770 m®/h and a cross-section of 150 x 75 mm. The density
and viscosity of the air are considered to be pg; = 1.225 kg/m? and i = 1.78 107° Pa.s,
respectively. The used flow speeds correspond to the Reynolds numbers Re = 1.2 109,
Re® = 1.9 10° and Re® = 2.6 10° as well as Mach numbers M® = 0.027, M® = 0.041
and M® = 0.056, respectively. These Reynolds number calculations are performed in order
to have an indication of the flow turbulent state while exciting the system.

To evaluate the behavior of the system excited by the wake of a bluff object in the flow,
this work takes the approach of keeping a fixed flow speed and adding bluff cylinders in
the flow stream. This work uses U®) = 19 m/s as the reference speed for the excitation by
the turbulent wake. Three different diameters of cylinders of length 150 mm are used in
order to experimentally verify whether this can lead to an increased vibro-acoustic excitation
in different frequency regions: (i) D; = 5 mm, (ii) Dy = 6 mm and (iii) D3 = 8 mm. In
order to have an indication of the shedding that each bluff object may produce, the Reynolds
number for each case are also calculated: Rel” = 6.6 103, Re{” = 7.9 10% and Re!¥) = 1.1 10%.
Figure 2 illustrates how the cylinder is attached to the system. The cylinders are positioned
at a distance close enough to the top duct wall, so that the turbulent wake can hit this
surface. The cylinders are glued at a distance h ~ D, from the top wall.
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Figure 2: Schematic representation of a) cylindrical rod inside the duct and b) side-view of the duct with a
cylindrical rod.

2.1.1. Grazing flow pressure fluctuations

In order to have an indication of the characteristics of the excitation for the flow configu-
rations studied in this work, the pressure fluctuations for each flow condition are measured.
This is done by replacing the flexible panel by a rigid panel equipped with an array of 30
flush-mounted 1/4" microphones, in a 5 x 6 distribution, as illustrated previously in Figure
1c).

Figure 3 illustrates the autopower spectra of the pressure fluctuations for the three con-
sidered grazing flow speeds, averaged over the 30 measurement points. Here, it is worth
pointing out that as the flow speed changes, the flow temperature also changes. The av-
erage flow temperatures are 32°C, 36°C and 40°C for U = 9 m/s, U® = 14 m/s and
U®) — 19 m/s, respectively. As can be seen, higher speeds cause higher pressure ampli-
tudes, with higher flow energy at lower frequencies. Some sharp peaks can be noticed such
as the ones at 470 Hz and 280 Hz for the U™ and U® grazing flow cases, respectively, which
are caused by the pressure pulsations at the outlet of the roots blower and determined by
its rotational speed.
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Figure 3: Averaged autopower pressure of the grazing flow pressure fluctuations with three different speeds
UMD =9 m/s, U = 14 m/s and U®) = 19 m/s. Reference pressure: 20 yPa.
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2.1.2. Wake pressure fluctuations

In this work, the effect of a bluff object wake is explored by attaching cylinders [39-41]
upstream the test section for a fixed flow speed U®) = 19 m/s. Given the relatively high
Reynolds number Re® = 2.6 10 for the conditions in study, a regular von Karman street
may no longer exist and a broadband pressure excitation can be achieved [14]. Moreover,
for the calculated Reynolds numbers as a function of the bluff object diameters, a Strouhal
number St ~ 0.2 is obtained, as studied in [42]. The Strouhal number can be used to have an
estimation at which frequency the vortices propagate and is typically defined as St = D/U,
where f is the frequency in Hz, D the cylinder diameter in m and U the flow speed in m/s.
Thus, for each diameter considered, this corresponds to f; ~ 760 Hz, f; ~ 633 Hz and
f3 ~ 480 Hz for D; = 5 mm, Dy = 6 mm and D3 = 8 mm, respectively.

Figure 4 shows the averaged autopower spectra of the pressure fluctuations for the con-
sidered cases of excitation by the wake of bluff cylinders, comparing them with the pressure
spectrum for a grazing flow with U® = 19 m/s. The figure shows that the addition of the
cylinders upstream lead to zones of increased pressure levels that shift to lower frequencies as
the diameter of the cylinders increases. A closer inspection of Figure 4 shows that two peaks
are present for each case: (i) one near the predicted frequencies and (ii) another at a higher
frequency. The two peaks occur due to the fact that the flow is turbulent and its speed
inside the duct is not uniform [43]. To verify this, inspections of individual microphones in
two different positions within the same direction are performed, as shown in Figure 5. As
can be seen, microphones near the edges (microphones 6 and 11) have their peaks near the
predicted frequency fy ~ 633 Hz while microphones in the center (microphones 8 and 13)
have a peak at 710 Hz. It is important to mention that microphones 6 and 8 have a higher
peak amplitude with respect to microphones 11 and 13, respectively, which can be due to
a reduction of vorticity as the vortices propagate along the duct. However, given that the
cylinder diameter and St are fixed, it can indicate that the flow speed is non-uniform and
varies within the test section.
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Figure 4: Averaged autopower pressure comparison for the three wake cases for U®) = 19 m/s. Reference

pressure: 20 uPa.
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Figure 5: Individual measured autopower pressure for microphones at different positions in the array for
U®) =19m /s and bluff object with Dy = 6 mm attached upstream. The figure on the right shows a sketch
of how the array of microphones is numbered. The two red circles highlight the microphones used in the
verification. Reference pressure: 20 pPa

2.2. Test plate

A steel flat plate with dimensions 150 x 200 x 0.5 mm is used as a host structure. 240
This combination of material and dimensions is chosen such that a flexible structure with
pronounced modal behavior in the low-frequency range below 1000 Hz is obtained. A modal
analysis is performed on a free panel with dimensions 350 x 451 x 0.5 mm of the same
material and model updating procedures are applied in order to retrieve the material prop-
erties, shown in Table 1. The flat plate is clamped by means of a frame and mounted flush 2ss
as a side wall of a duct section, as shown in Figure 6.
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Young’s Modulus Density Poisson’s Ratio Structural Damping
233.1 GPa 7766.9 kg/m3 0.27 0.2%

Table 1: Material properties of the steel plate.

2.2.1. Grazing flow excitation

The dynamic behavior of the structure of interest is then evaluated with the presence
of a grazing flow. The structural response of the flat plate is measured by a Scanning
Laser Doppler Vibrometer (SLDV) over 72 points. Figure 7 compares the Root Mean
Square (RMS) PSD autopower velocity response of the bare structure due to a TBL ex-
citation for the three considered speeds. The figure shows that when excited by the TBL,
the response of the plate is strongly dominated by structural modes below 1000 Hz while
at frequencies above 1000 Hz, this behavior is less pronounced, with no clear peaks indicat-
ing structural modes, and the spectra seem dominated by the flow fluctuations, showing a
similar behavior evidenced in Figure 3. However, between 1200 Hz and 1300 Hz, a possible
mode may be excited e.g. 1230 Hz for the case of U®) = 19 m/s, but since this frequency
range is out of the scope of this paper, this is not further investigated.

The three spectra are similar in shape, however, some differences can be observed: (i)
the vibration amplitudes are higher for the highest speed case, which is expected due to the
fact that the excitation is also greater for a higher speed e.g. higher load levels, complying
with Figure 3 and (ii) there is a trend of modes shifting to higher frequencies as the flow
speed increases. The latter might be explained due to an increase of the flow temperature as
the flow speed rises, as indicated in Section 2.1.1, which in turn increases the temperature of
the material. This can introduce thermal effects to the structure such as thermal expansion.
However, since the structure is clamped, it cannot move at its boundaries, which can lead
to levels of pre-stress on the plate [44].
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Figure 7: Comparison of experimental RMS PSD autopower velocity response of the bare flat plate for a
grazing flow with different speeds of U = 9 m/s, U?) = 14 m/s and U®) = 19 m/s.

In order to verify whether the temperature of the flow can indeed have an influence
on the frequency of the modes, an investigation is performed by measuring via SLDV the
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response of the plate at a fixed point in the center under the turbulent flow excitation for
a constant speed, namely, U®) = 19 m/s and with an increasing temperature, to assess the
shift in frequency of the first mode of the plate. This evaluation is carried out within a
period of time from when the roots blower is switched on, hence the flow starting at ambient
temperature until the temperature of the flow is stabilized at 40°C. The frequency of the
first mode is assessed over ten measurements, which are here referred to and numbered
from T1 to T10, as shown in Figure 8. A representation of the first mode of plate is also
illustrated and is derived from an FE model of the flat plate with the material properties
shown in Table 1, by using the commercial FE software NX Nastran [45] and solved by SOL
103 Response Dynamics. The model consists of 3350 linear CQUAD4 shell elements and
clamped boundary conditions.

Table 2 shows the shift in frequency of the first mode as the temperature of the flow
changes. It can be seen that as the temperature of the flow varies from ambient until
its stabilization point, the frequency of the first mode shifts to higher frequencies. Tt is
important to mention that when the temperature of the flow stabilizes, the frequency of the
mode stays constant. This can be an indication that the shift in frequencies of the modes
can indeed be driven by the change in the flow temperature. The pre-stress levels related to
each flow temperature are however not investigated since it is out of the scope of the paper.

104,

PSD velocity [(m/s)?/Hz]

1040 L . .
100 150 200 250
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Figure 8: Comparison of experimental PSD autopower velocity response of the bare flat plate under a
grazing flow excitation at different temperatures with U®) — 19 m/s for the first mode.
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Measurements Frequency [Hz|] Temperature

T1 163 30°C
T2 166 31°C
T3 174 33°C
T4 177 34°C
T5 186 36°C
T6 192 37°C
T7 197 38°C
T8 203 40°C
T9 203 40°C
T10 203 40°C

Table 2: Frequency variation of the first mode as a function of the flow temperature for U®) = 19 m/s.

In addition, as discussed in literature [46-49|, the effect of aerodynamic damping can be
expected with increasing flow speeds. In the work of Clark and Frampton (1997) [46], an
investigation is performed on the effect of a subsonic flow over a non-lifting elastic plate. It
is found that the dynamic behavior of the structure can be strongly modified as the flow
speeds increase, which causes structural modes to shift to lower frequencies. This effect is
more evident for the first mode of the plate, especially when Mach approaches 1.0, where
a divergence occurs. In this regime, the frequency of the first mode significantly decreases
and its peak highly reduced due an increase in the level of damping driven by the fluid-
structure coupling [47]. Similar observations are evidenced by Vitiello et al. (2008) [48]| and
Ciappi et al. (2016) [49].

Nevertheless, closer inspections of Figure 7 show that the dynamic behavior of the plate
does not exhibit the expected effects with increasing flow speeds. This is most likely ex-
plained by the Mach values considered in the present paper i.e. M) = 0.027, M® = (0.041
and M® = 0.056, which are rather low to lead to perceptible effects since, as verified in
[46], these are more noticeable for Mach values closer to 1.0. Furthermore, as discussed
based on Figure 8, the shift in frequency of the modes can be reasoned to be driven by the
temperature of the flow, which seems to be a more dominant factor in the case of this paper.
However, albeit the flow speeds are relatively low, they can still be used as a representative
excitation for the purpose of the paper, which is to demonstrate the potential of LRMs to
reduce flow-induced noise and vibration at the lower frequency range below 1000 Hz.

2.2.2. Wake excitation

In order to perform the study for an excitation by the wake of a bluff object in the flow,
the case when a bluff cylinder with D, = 6 mm for U®) = 19 m /s is used here. Figure 9 shows
the experimental bare plate response under grazing flow and turbulent wake excitation. At
570 Hz, an even mode exists in the panel (confirmed experimentally), which is not well
excited by the grazing flow. However, when the structure is excited by the turbulent wake,
this mode is amplified. A representation of the structural mode at 570 Hz is also shown in
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Figure 9. This mode shape is derived from an FE model used for the mode shape in Figure
8.

Furthermore, albeit less pronounced, an amplified frequency region is noticed around
700 Hz. These results indicate that when a wake is generated by the bluff cylinder, due to
coupling effects of fluid-structure interaction, the energy coming from the turbulent wake is
transferred to the structure and even modes can again be well excited. This in turn could
lead to noise radiation. The fact that two amplified regions are observed can be due to the
creation of two turbulent peaks at different frequencies when the cylinder is added upstream.
In this work, a first LRM solution will be designed to focus on the frequency range around
600 Hz to treat this amplified mode due to the turbulent wake.
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Figure 9: Comparison of RMS PSD autopower velocity of the bare flat plate under a grazing flow and flow
with a cylinder of D. = 6 mm fixed upstream for U®) = 19 m/s.

2.3. Backing cavity

To evaluate the sound radiated by the flow-excited steel panel and to investigate if LRMs
can reduce noise radiation into confined spaces, a hard-walled backing cavity is placed over
the flat plate set-up as shown in Figure 10 a), and the sound pressure levels (SPL) inside
the cavity-backed plate are evaluated by means of one 1/4" microphone. The position of
the flush mounted microphone is chosen as depicted in Figure 10 a).

The first acoustic mode of the cavity is predicted to be at 724 Hz with an out-of-plane
direction with respect to the plate, as shown in Figure 10 b). This acoustic mode shape is
calculated in NX Nastran and solved by SOL 103 Real Eigenvalues. The model consists of
32165 linear CTETRA4 - Acoustic fluid solid elements for air with same properties p,; and
Hair, as indicated in Section 2.1 and ¢ = 340 m/s, where c is the speed of sound. Figure 11
illustrates the SPL inside the bare cavity-backed plate for a grazing flow of U®) = 19 m/s,
with the mode at 724 Hz highlighted.

In the next section, a second LRM solution will be designed for the plate to target the
frequency region of this acoustic mode at 724 Hz, considering a TBL excitation, considered
as a different frequency problem with respect to the wake excitation frequency range.
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Figure 10: Illustration of the cavity-backed plate attached to the duct section a) Realized and b) Side view
of the acoustic mode of the backing cavity at 724 Hz with an out-of-plane direction with respect to the plate,
where the red and blue areas indicate points with the highest and lowest pressure values, respectively.
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Figure 11: PSD autopower pressure response inside the bare cavity-backed plate under a grazing flow
excitation for U®) = 19 m/s. Reference pressure: 20 uPa.

With the goal to investigate the use of LRMs to reduce the noise radiated by the amplified
vibrations of the flat plate due to the turbulent wake, the same cavity-backed plate setup
is utilized. An evaluation of the SPL inside the cavity-backed plate is again performed and
the case of a TBL excitation is used as a reference. Figure 12 illustrates the comparison
of SPL inside the bare cavity-backed plate under TBL and turbulent wake excitation for
U® = 19 m/s. The results indicate that the amplified structural mode leads to a higher
overall SPL inside the cavity-backed plate around the frequency range of 600 Hz. In addition,
a pressure amplification is perceived around 700 Hz, which can be due to the vibration
amplification around such frequency band, as shown in Figure 9. The LRM solution to
target the 600 Hz frequency range will then be used to evaluate the LRM performance to
suppress the amplified noise radiation due to turbulent wake excitation.
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Figure 12: Comparison of PSD autopower pressure inside the bare cavity-backed plate under a grazing flow
and flow with a cylinder of D. = 6 mm fixed upstream for U®) = 19 m/s. The red circles highlight the
frequency ranges where an amplification is observed. Reference pressure: 20 pPa.

3. LRM design

This section presents the LRMs design used to obtain stop bands to tackle the NVH
behavior caused by aerodynamic excitation. Two LRM solutions are designed to tackle the
frequency regions discussed in the previous section for a grazing flow and wake excitation.
Additionally, the designed LRM solutions are combined in order to target two frequency
bands simultaneously under the excitation of the wake of a cylinder in the flow.

3.1. Resonator designs

This study considers two frequency ranges of interest for the steel plate, thus, two LRM
solutions are proposed to tackle the frequency regions for the two flow excitation of the
system: (i) design A, targeting the noise and vibration amplification around 600 Hz caused
by the wake of the cylinder and (ii) design B, developed to tackle the TBL-induced vibration
and noise radiation around the frequency range of the acoustic mode of a backing cavity at
724 Hz.

In this work, the design of the LRM solution takes into consideration the findings from
the work of Claeys et al. (2013) [50]: (i) larger relative mass additions lead to wider stop
bands for the same design frequency and (ii) for a same relative mass addition and same
design frequency, if the spacing between resonators is small enough with respect to the
structural wavelength of the targeted waves, the achieved global vibration reduction around
the targeted frequency range saturates.

To develop the designs, case B is used as a reference, in which the goal is to design
a LRM solution capable of creating a stop band wide enough to not only strongly reduce
the vibrations around 724 Hz but also around the frequency region of the subsequent mode
of the plate at higher frequencies. As shown in Figure 7, such mode varies in frequency
according to the flow speed used: (i) e = 730 Hz for UV = 9 m/s, (ii) fu0qe = 756 Hz
for U® = 14 m/s and (iii) fneee — 789 Hz for U® = 19 m/s. A shift in frequency of the
mode for different flow speeds is expected, as explain in Section 2.2. This means that the
designed solution needs to lead to a stop band at least 65 Hz wide to cover the frequency
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range from 724 Hz until 789 Hz to assure the design goal. Design A is then derived from
design B.

The resonator designs for each case are respectively illustrated in Figure 13 a) and d).
A similar cantilever-beam resonator design with an end point mass has been investigated
in [51]. The resonant additions are designed with similar modal effective mass [52] and tuned
to the targeted frequency range through iterations on their dimensions. For each iteration,
the resonance frequency of their first bending mode is evaluated by using a FE model
and clamped base boundary conditions in NX Nastran and solved by SOL 103 Response
Dynamics. The FE model for designs A and B consist of 504 and 520 linear CHEXAS solid
elements, respectively. All resonators are made of polymethyl methacrylate (PMMA) and
are manufactured by means of laser-cutting. Therefore, during the iterations, the width
of the resonators is kept fixed to 4 mm. The material properties of PMMA are shown in
Table 3.

The two resonators are designed and realized such that they possess a similar mass,
namely 0.59 g for design A and 0.55 g for design B. They both have a modal effective mass
ratio i.e. ratio between their respective modal effective masses and nominal masses, around
63%. The design approach also takes into account the footprint of the realizable resonators,
since it is known that smaller footprints can lead to wider stop bands [53]. To be able to
compare, in a later stage, the LRM reduction performance with an equivalent mass case,
a block with its first resonance frequency at 5260 Hz, i.e. no resonant behavior within the
targeted frequency range and with similar added mass as the resonators, namely, 0.57 g, is
also designed and realized, as illustrated in Figures 13 g) and h), respectively. The difference
in mass values between the resonant and non-resonant additions is deemed small and should
not affect the conclusions significantly.
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Figure 13: Tllustration of a) resonator A design b) out-of-plane bending mode of resonator A c) realized
resonator A d) resonator B design e) out-of-plane bending mode of resonator B f) realized resonator B g)
non-resonant structure design and h) realized non-resonant structure.

Young’s Modulus Density Poisson’s Ratio Structural Damping
4850 MPa 1188.38 kg/m? 0.31 5%

Table 3: Material properties of PMMA [51].

3.2. LRM configurations

The resonators are then added to the steel plate in a rectangular pattern with a spacing
of 21 x 25 mm in order to be on a subwavelength scale in the frequency ranges of interest aos
and achieve the desired stop band behavior. A total of 56 resonators can be added to the
steel host structure.

In total, six cases are considered in this work:

e Bare case (Bare): flat plate without resonant structures, used as a reference.

e Single resonator type (SRT-A) case: flat plate entirely covered with 56 added res- a0
onators of design A in a 7 x 8 grid pattern of 21 x 25 mm, which target flexural
waves propagating around 600 Hz, as in Figure 14 a). In this case, the LRM solution
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adds in total 29% of mass with respect to the mass of the bare plate. This configura-
tion is used to reduce flow-induced noise and vibration for the plate in the wake of a
bluff cylinder.

Single resonator type (SRT-B) case: flat plate entirely covered with 56 added res-
onators of design B in a 7 x 8 grid pattern of 21 x 25 mm, which target flexural
waves propagating around the frequency range of the acoustic-driven mode of the
cavity-backed plate, as in Figure 14 b). In this case, the LRM solution adds in total
27% of mass with respect to the mass of the bare plate. This configuration is used to
mitigate flow-induced noise and vibration of the plate under TBL excitation.

Mixed case (Mixed): flat plate with 28 resonators of design A alternated with 28
resonators of design B mixed in a 3 x 4 grids of 42 x 50 mm, as shown in Figure 14 d).
The total mass addition for this LRM configuration corresponds to approximately 28%
with respect to the mass of the bare plate. This configuration is used to tackle two
issues simultaneously.

Single resonator type (Checkered-B) case: flat plate covered with 28 added resonators
of design B on a checkered pattern, as in Figure 14 ¢). In this case, the considered
spacing dimensions are adjusted such that a minimum grid size is achieved, since the
spacing between each resonant addition is larger in this case, as shown in Figure 14 c).
The LRM solution adds in total 13.5% of mass with respect to the mass of the bare
plate. This configuration is used in order to check how the LRM reduction performance
is affected by removing half of the resonant elements and also serves as a reference for
the mixed case.

Equivalent mass case (EQM): flat plate entirely covered with 56 non-resonant additions
in a 7 x 8 grid pattern of 21 x 25 mm. For this case, the total mass addition is 28%
with respect to the mass of the bare plate, as shown in Figure 14 e).

18



s o4
‘e o
s o? o7
A oy ‘e o2 "»,
e o7 ;(','(,,'C" ‘ol
> oo o2 1 > J s
AR AR A s
WL SR GO SRR R b
> s e o2 27
(" ‘e oo 2
' o e ? e
R ad
Qs

(d) (e)

Figure 14: Tllustration of LRM configurations a) SRT-A b) SRT-B c¢) Checkered-B d) Mixed and e) EQM.

3.3. Stop band limits

Given the typical periodic arrangement of LRMs, the stop band prediction can be carried
out by unit cell (UC) modeling. Such modeling technique enables the calculation of the wave
propagation in an infinite periodic structure based on the model of a single representative
UC in combination with the Bloch-Floquet periodic boundary conditions. The present study
assesses the wave propagation in an undamped infinite periodic structure by the computation
of dispersion curves within the irreducible Brillouin contour (IBC). For more information on
this modeling approach, the interested reader is referred to [24, 30, 50].

In order to have an indication of the relationship between the spacing among resonators
and stop band widths for the configurations present in the paper, an investigation is per-
formed for when resonators of design B are added to a host structure with material properties
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| UC size [mm] Mass addition Stop band limits [Hz] Stop band widths [Hz]

i) 22 x 22 29% 769 - 845 76
ii) 24 x 24 25% 764 - 835 71
iii) 26 x 26 21% 758 - 825 67
iv) 28 x 28 18% 753 - 816 63

Table 4: Summary of the relationship for the spacing between resonant additions and stop bands.

as in Table 1 in four different grid size configurations, as illustrated in Figure 15. The UC
lengths are varied in the x and y directions as the wave propagation is analyzed here for both
directions. It is worth mentioning that the subwavelength criterium is still respected in all
cases. The fact that the resonator design is kept the same while added in different patterns
leads to different relative mass additions. It is important to mention that if the goal was to
keep always the same relative mass addition, a different resonator design would have to be
made and tailored for each UC size. Hence, the approach of using only one design for the
investigation is chosen here.

< )@/

X
Figure 15: Overview of resonators of design B added to the host structure in different configurations.

y

Table 4 and Figure 16 illustrate the relationship between the spacing among resonators
and stop band widths. It can be seen that wider stop bands are obtained as the spacing
between resonators decreases. This is due to the fact that since the resonator design is kept
constant, the relative mass addition increases as the unit cell gets smaller, which complies
with the findings of Claeys et al. (2013) [50].

The predicted stop bands of the LRM designs SRT-A, SRT-B, Checkered-B and Mixed
are illustrated in Figure 17, and their stop band limits summarized in Table 5. It is worth
mentioning that the design goal for SRT-B is assured since its predicted stop band is 66.7 Hz
wide. In addition, the effects summarized in Table 4 can be translated to the predicted stop
bands for SRT-B as well as Checkered-B cases, which the former produces a wider stop band
than the latter, since the SRT-B configuration has a smaller spacing between resonators and,
consequently, a larger mass addition with respect to Checkered-B.

For the mixed configuration, two stop bands are predicted: one stop band opens from
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Figure 16: Illustration of the stop band widths of each configuration in Figure 15.

566.8 Hz to 605 Hz which is related to resonator design A, and another stop band is created 470
from 736.3 Hz to 800.2 Hz, which is related to resonator design B. These stop bands are
slightly narrower than the cases in which only one resonator type is added to the plate since

for each targeted frequency range only half of the resonators tuned to that specific frequency
is present within the same area.
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Figure 17: Representation of the a) Irreducible Brillouin Contour b) Dispersion diagram for SRT-A c)
Dispersion diagram for SRT-B d) Dispersion diagram for Checkered pattern-B and e) Dispersion diagram
for the Mixed case. The gray shaded area represents the predicted stop band for each configuration. The
color bar illustrates the ratio according to the out-of-plane and in-plane motion of the waves, where 0 is
total by in-plane and 1 total by out-of-plane.

Configuration Resonator type Stop band limits (Hz)

SRT-A A 583.2 - 634.9

SRT-B B 766.3 - 833
Checkered-B B 736.7 - 801.3

Mixed A& B 566.8 - 605 & 736.3 - 800.2

Table 5: Summary of the predicted stop bands for the LRM configurations.

4. Experimental results

This section discusses the experimental results of the vibrations of the flat plate and their
consequential noise radiation into a cavity-backed plate due to a turbulent flow excitation of
the system. Firstly, the resonance frequency of the realized resonators is validated. Secondly,
the use of LRMs to tackle a TBL excitation of the plate is investigated. An assessment is then
performed on the LRM performance to reduce the noise radiation into the backing cavity.
Subsequently, the designed LRM solution is assessed to reduce the amplified vibrations and
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noise radiation occurring due to the turbulent wake excitation. Lastly, the designed LRM
solutions are combined to tackle two NVH issues simultaneously.

4.1. Validation of the resonator designs

In order to validate the resonance frequency of the resonators, the same methodology used
in [51] is applied. Fifteen realized resonant addition samples of each type are glued to a metal
block, rigidly connected to the stinger of a shaker, and the velocity at the tip of the resonator
is measured by SLDV, such that the frequencies associated to the out-of-plane mode of the
resonators can be identified. An average value of resonance frequency f is calculated for
each type of resonator by a linear average of the measured resonance frequencies. Table 6
shows the comparison between the numerical and experimental resonance frequencies for
the two designs, which indicates that the values are relatively close to the design frequency
with nearly the same standard deviation.

Resonator Numerical (Hz) Experimental (Hz) % Standard Deviation

Type A 635 641 + 7.88 1.2
Type B 816 819 =+ 9.05 1.1

Table 6: Comparison between the simulated and measured resonance frequencies for resonators A and B.

4.2. TBL-induced vibration of a flat plate

For the analysis, four cases are compared: (i) the bare plate, (ii) SRT-B, (iii) Checkered-
B and (iv) EQM. Figure 18 a), b) and c¢) illustrate the response of the flat plate under
grazing flow excitation with and without LRMs for UV — 9 m/s, U® — 14 m/s and
U®) — 19 m/s, respectively. For the SRT-B configuration, a pronounced zone of attenuation
can be observed in the response of the plate around the predicted stop band, indicated by
the black vertical lines. In fact, an improvement can be noticed starting from a frequency
range around 600 Hz, which is explained by the interaction between resonators and host
structure and also due to the effective dynamic mass of the resonators [54], which increases
at frequencies before the stop band and reaches a maximum at its lower limit. The SRT-B
leads to a stronger attenuation than the checkered-B configuration, since the former has
more resonators, and consequently more added mass, targeting the investigated frequency
range. A similar behavior has been noticed in [51]. In addition, the LRM configurations
behave more favorably than the equivalent mass case for the tested conditions. The results
also suggest that the LRM solution works for different flow conditions. As observed, the
proposed solution creates a broad zone of attenuation in all three spectra, which suggests
that LRMs can cope with the mild shift of resonance frequencies caused by a moderate
variation of the flow speed.

As discussed in the study of Claeys et al. (2013) [50], in a LRM solution, at frequencies
slightly lower than the stop band region, an attenuation is achieved in the response of
the finite structure, which indicates that the motion is localized in the tuned resonators and
hence the structure itself has a lower response. While for frequencies slightly higher than the
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stop band frequency range, the response of the structure is reinforced and the vibrational
behavior of the plate is amplified. This effect is also evidenced in other works [55-58].
However, when increasing the damping present in the resonators, the zone of increased
vibrational response after the stop band is attenuated, as also reported in [59-61|. In this
present work, the designed LRM solution does not lead to any vibration amplification with
respect to the bare structure at frequencies right after the upper limit of the stop band due
to the damping present in the resonant additions. However, it can be seen in Figure 18
that there is some slight overshooting after the stop band region for the Checkered-B case
with respect to SRT-B, which can be explained by the fact that less resonant additions are
present in the Checkered-B case.

Even though the LRM solution leads to a strong vibration reduction at the targeted
frequency for the three flow speed cases, it is worth identifying frequency ranges where
the solution can lose performance with respect to its equivalent mass counterpart. To this
end, the ratio between the amplitude vibration levels of EQM and SRT-B is computed
and assessed for the frequency range within 120 Hz and 1600 Hz, for a fixed flow speed,
namely, U®) — 19 m/s. Figure 19 shows this relationship. For frequencies between 120 Hz
and 550 Hz, the figure shows that zones of reduction and amplification alternate. These
zones are driven by modal behavior and the overall vibration levels for SRT-B and EQM
seem comparable in terms of peak amplitudes. From 550 Hz until the end of the stop
band, the LRM solution shows a reduced vibration response compared to its equivalent
mass counterpart. After the upper bound of the stop band, zones of vibration reduction
and amplification again alternate. The appearance of the amplification zones after the stop
band is typically linked to the behavior of the dynamic effective mass of LRMs, as studied
in the works of Pai (2010) [62], Pai et al. (2014) [63] and de Melo Filho et al. (2019) [54].

As discussed by de Melo Filho et al. (2019) [54], at frequencies above the stop bands,
albeit larger than for the bare case, the dynamic effective mass of a LRM structure is
smaller than its equivalent static mass configuration. This means that the overall inertia
of the SRT-B system can be lower at these frequencies and hence higher vibration levels
for the same response can occur with respect to the EQM system. Nonetheless, due to
the (limited) vibration of the resonant structure, the material damping in these structures
is more effective as for the case of the equivalent masses, and hence a better damping of
the vibration level is achieved. The interplay between these two effects explains why EQM
seems to have a lower overall vibration baseline whereas SRT-B surpasses EQM at certain
frequency regions, as evidenced in Figure 19. This behavior is expected for all following
results in this study since the used stop band mechanism does not change in the present
work.

However, it is worth pointing out that when designing a LRM solution, the goal is to
target a limited frequency region, as in the case of a tonal noise. If an improvement in the
reduction performance of LRMs after the stop band frequencies is required, the LRM solution
can be combined with classical solutions such as visco-elastic and constrained layers [64],
which are performant at the high frequency range above 1000 Hz. However, since the goal of
the paper is to only show the potential of LRMs to reduce flow-induced noise and vibration
in the lower frequency range below 1000 Hz, this approach is not considered here.
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Figure 18: Measured RMS PSD autopower velocity response of the flat plate with and without LRMs for a
grazing flow with a) UY) =9 m/s b) U® = 14 m/s and ¢) U®) = 19 m/s.
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Figure 19: Ratio of the measured RMS PSD autopower velocity response of the flat plate between EQM and
SRT-B for U®) = 19 m/s, illustrated in logarithmic scale. The black dashed horizontal line at Ratio = 1 is
used as reference. The area above this line indicates frequencies in which EQM has higher amplitude levels
while the area below it represents frequencies where SRT-B possesses higher amplitude values. The two
solid vertical lines represent the predicted stop band limits for the SRT-B configuration.

Furthermore, an investigation is carried out to have an indication of how the tested LRM
configurations modify the original dynamic behavior of the plate by an experimental analysis
of the vibration patterns of the structure below 1000 Hz, since the paper proposes to study
the use of LRMs below this frequency. This investigation is here only carried out for the
results related to a grazing flow excitation of the flat plate, shown in Figure 18. As indicated
by Claeys et al. (2014) [65], the modal behavior in a LRM panel is drastically changed with
respect to the bare panel or the EQM panel. Instead of the regular dispersion surface for
bending waves, the addition of resonant elements leads to an in-plane dispersion surface
before the stop band, no dispersion surface in the stop band frequency region and an out-of-
plane dispersion surface after the stop band. Since the frequency of modes is related to the
dispersion surfaces, as investigated by Mead and Parthan (1979) 66|, this typically results
in higher order modes with resonant elements moving in-phase being lowered in frequency
and occurring before the stop band and typically lower order modes, with resonators moving
out-of-phase, being repeated after the stop band. By comparing the first three modes of the
bare panel, the EQM panel and the SRT-B panel, together with the first mode of the SRT-B
panel after the stop band, this effect can be demonstrated. For the sake of simplicity, these
mode shapes are verified for one flow speed, namely, U® = 19 m/s, since for other flow
speeds, similar conclusions should hold, as only the excitation changes.

To investigate the modal behavior, operational velocities obtained via SLDV are used.
At peaks in the frequency spectrum, the amplitude velocities of the scanned measurement
grid are shown. Since these are operational velocity patterns, the resulting pattern is not
the pure mode shape, but is the result of the forced response of the panel and its modal
behavior, due to the turbulent boundary layer excitation. Figure 20 a) highlights the RMS
PSD autopower velocity response of the plate up to 1000 Hz whereas Figure 20 b) illustrates
the vibrational motion of the plate as well as the respective frequencies of the peaks for the
considered resonant and non-resonant configurations. Three peaks are identified as modes of
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Figure 20: Tllustration of the a) RMS PSD autopower velocity response of the structure for EQM and SRT-B
configurations with U®) = 19 m /s and b) vibration patterns of the first three peaks in the spectra for each
configuration and c) vibration pattern of the first mode after the stop band (SB) for SRT-B. The red and
green areas represent points of large and small motion of the plate, respectively.

a clamped plate, given that these have similar mode patterns as the modes obtained from the
FE reference model of the clamped structure utilized earlier, for example, in Figure 8. This
investigation confirms that when the resonators or mass blocks are added to the plate, the
first modes are shifted to a lower frequency. It can also be seen that the shift in frequency
is larger for the SRT-B panel and becomes larger as the modes come closer to the stop
band frequency. This latter effect is caused by the dynamic mass of the resonant element
becoming larger than the static mass when moving closer to the resonance frequency. The
latter also explains why the amplitude of the third mode for panel SRT-B is lower than that
of the bare panel or the EQM panel.

Figure 20 c) illustrates the vibration pattern of the first mode after the stop band for
the SRT-B configuration, which shows a similar vibration pattern as for the first mode of
the plate. This is in line with the work of Claeys et al. (2014) [65], which indicates that
after the stop band, the mode shapes of the bare structure are repeated with the resonant
elements moving out-of-phase with respect to the plate.

4.3. Grazing flow-induced noise radiation into a cavity-backed plate
The same analysis as in previous section is repeated with an added backing cavity in
order to evaluate the radiated noise. For brevity, the Checkered-B configuration is omitted.
Figures 21 a) to ¢) show the SPL inside the cavity-backed plate for the three considered
cases and flow speeds. The black vertical solid lines represent the predicted stop band
limits. In the spectra, different mode types can be seen: structural-driven and acoustic-
driven modes. The former are the ones which vary with added mass due to the additions.
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The latter are the ones for which no shift in frequency is perceived such as the modes at
724 Hz and 900 Hz. Before the predicted stop band, a relatively broad band of attenuation is
obtained (= 500 Hz - 750 Hz), which might be related to the reduction of the vibrations of the
plate that begin even before the stop band due to the dynamic effective mass, as mentioned
before. Inside the stop band limits, a sharp reduction zone can be seen in the three spectra
close to the lower limit of the predicted stop band. After this zone of attenuation, the curves
go up until the second acoustic driven mode of the coupled system around 900 Hz. It is
also important to note that in all spectra, two structural-driven modes after the predicted
stop band between 766.3 Hz and 833 Hz are no longer excited. This can be explained by
the presence of damping in the resonators which is especially affecting the host structure
after the stop band since the resonators are then still moving out-of-phase with respect to
the host structure [50].

The figures show that the addition of resonators yields a peak-to-peak sound pressure
reduction of around 20 dB, 22 dB and 21 dB at the first acoustic-driven resonance for the
cases when U =9 m/s, U® = 14 m/s and U®) = 19 m/s, respectively. The similar noise
attenuation for all cases suggests that the flow speed barely affects the LRM performance.
Furthermore, the LRM solution provides, in average, an additional 20 dB peak-to-peak noise
reduction when compared to the equivalent mass case.

4.4. Wake-induced vibration of a flat plate

As discussed in Section 2.2, the addition of the cylinder with D. = 6 mm fixed upstream
the flat plate leads to a turbulent wake, which in turn can increase the excitation of specific
structural modes. The SRT-A configuration is designed to suppress the vibrations of the
flat plate around the frequency range where the highest pressure loads are expected for this
configuration. Figure 22 compares the resulting vibrational response of the flat plate with
and without LRMs for U® — 19 m/s. For the LRM configuration, a strong reduction zone
can be observed in the spectrum around the predicted stop bands. In fact, an improvement
can be noticed starting from the frequency range around 400 Hz. Furthermore, the designed
metamaterial solution leads to a strong reduction around the the frequency range of the
amplified mode of the plate.

In addition, the LRM solution outperforms the equivalent mass case for the tested condi-
tions. It is important to note in the spectrum that the effect of adding the resonators can also
be observed at higher frequencies. After the predicted stop bands, the overall amplitudes of
the spectrum have decreased, which can be attributed to the damping in the resonators, as
discussed in Section 4.3. The shift in resonance frequencies due to mass addition for the first
modes of the plate can also be noticed in the spectra, for which similar vibration patterns
are expected, as studied in Section 4.2.
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Figure 21: Experimental PSD autopower pressure response inside the cavity-backed panel with and without
LRMs for a grazing flow with a) UM = 9m/sb) U = 14 m/s and ¢) U® = 19 m/s. Reference pressure:
20 pPa.

29



645

650

—_
e
EN

10°®

108

—

o
o
o

RMS PSD velocity [(m/s)2/Hz]

| | | |
800 1000 1200 1400 1600
Frequency [Hz]

—_

o
L
N

Figure 22: Measured RMS PSD autopower velocity response of the flat plate with and without LRMs for
when a cylinder of D, = 6 mm is fixed upstream. The stop band limits are indicated by the solid black
vertical lines.

4.5. Wake-induced noise radiation into a cavity-backed plate

Figures 23 shows the comparison of the SPL measured inside the cavity for a plate with
and without LRMs excited by the wake of a cylindrical rod. A pronounced zone of attenua-
tion is noticed around the predicted stop bands. The figure at the right-hand side shows the
pressure difference for each case within a frequency range +30 Hz with respect to the lower
limit of the predicted stop band for the SRT-A configuration. The curves are obtained as
the difference between the pressure levels of the bare case and each respective case for the
considered frequency range. As can be seen, a maximum noise radiation reduction of 18 dB
is achieved at 584 Hz. Furthermore, the LRM solution outperforms the equivalent mass case.
In this case, even though the targeted frequency range is around 600 Hz, a 4 dB and 9 dB
reduction can be noticed at the first (724 Hz) and second (910 Hz) acoustic driven modes
of the cavity-backed plate, respectively, which may be due to the fact that the vibrational
levels at these frequencies are reduced, as shown in Figure 22.
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Figure 23: Experimental PSD autopower pressure response of the cavity-backed plate with and without

LRMs for when a cylinder of D, = 6 mm is fixed upstream. The solid black vertical lines represent the
previously predicted stop band limits. Reference pressure: 20 pPa.
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4.6. Tackling two frequency bands simultaneously

As a next step, it is investigated whether both LRM solutions, SRT-A and SRT-B, can be
mixed to tackle two frequency ranges simultaneously in a combined approach, earlier defined
as the Mixed case. The vibrations of the flat plate as well as the noise radiation into the
cavity-backed plate are again measured and analyzed. For this analysis, the Checkered-B
configuration is not considered for brevity and also due to its total added mass is half the
Mixed configuration.

Figure 24 shows the responses for the bare and the LRM configuration when the cylinder
of D, = 6 mm is placed upstream. For the mixed configuration, where the structure is treated
with two types of resonators, two zones of attenuation are found: (i) one around 600 Hz
related to the added resonators with design A and (ii) another zone around 730 Hz, related
to the added resonators with design B. In the former zone of attenuation, the reduction is
less pronounced than for the case when the entire plate is treated with the same type of
resonator since less resonators that are targeting the same frequency are added. A similar
trend is perceived as previously for the first modes of the plate, which are shifted to lower
frequencies due to the mass addition.
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Figure 24: Experimental RMS PSD autopower velocity response of the flat plate with and without LRMs
for when a cylinder of D, = 6 mm is fixed upstream. The stop band limits for the mixed case are indicated
with the solid black vertical lines.

An analysis of the noise radiation into the cavity-backed plate is also performed for the
mixed LRM configuration, as shown in Figure 25. The same affected frequency regions are
noticed: (i) the region of the amplified mode due to the interaction of the wake with the
plate and (ii) the region of the first acoustic-driven mode of the cavity-backed plate.

For the former, the same pressure difference approach in section 4.5 is used, for a same
frequency range. It can be seen that a maximum of 13 dB noise radiation reduction is
obtained at 584 Hz, which is 5 dB less than the case when the entire plate is treated, as
explained earlier. In the latter, a 9 dB peak-to-peak reduction is obtained at the frequency
of the first acoustic driven mode of the system, which is an additional 5 dB reduction when
compared to the case in Figure 23, for which a small reduction was obtained, possibly due to
the damping in the resonators. Besides, the mixed LRM configuration also outperforms the

31

655

660

665

670

675

680



685

690

695

700

equivalent mass case. These results are an indication that a combined pattern of resonators
is eligible to tackle flow-induced NVH issues of systems, where multiple frequency ranges
are of interest.

100 [

Bare
---EQM
90| Mixed

80 ¢

70 ¢

60+

PSD pressure [dB]

100 Bare

--EQM 50|
Mixed

80 l\' 40 - .
. 700 750
Frequency [Hz]

20 ----EQM
15 Mixed

PSD pressure [dB]
[2]
o
T

20 1 1 1 I L [ ——— T
200 400 600 800 1000 1200 1400 1600

Frequency [Hz]

Pressure difference [dB]
(1]

0 N - -
560 580 600
Frequency [Hz]

Figure 25: Experimental PSD autopower pressure response of the cavity-backed plate with and without
LRMs for when a cylinder of D, = 6 mm is fixed upstream. The stop band limits for the mixed case are
indicated with the solid black vertical lines. Reference pressure: 20 pPa.

5. Conclusion

This work presented an experimental investigation on the potential of using LRMs to
suppress flow-induced noise and vibration of a plate. Two different aerodynamic loads are
used, namely, a grazing flow and the wake of a bluff object.

Firstly, the flat plate vibrations under a grazing flow excitation are measured considering
the bare plate, the plate treated with different LRM configurations and the plate with
equivalent mass non-resonant additions. It is shown that LRMs provide a strong reduction
of the vibrations of the plate in the targeted frequency range. The proposed solution is
shown to outperform the equivalent mass case and to work for different flow conditions.
The analysis of the cavity-backed plate system allows to evaluate the LRM potential to
reduce the noise radiation caused by the flow-excited vibration of the plate. The SPL inside
the cavity-backed plate is measured and the results show that the LRM solution is also able
to reduce the noise radiation at the first acoustic-driven resonance by approximately 20 dB.

Secondly, a LRM solution is designed to treat the same cavity-backed plate system excited
by the wake of a bluff obstacle. It is shown that the addition of a bluff cylinder in the flow
upstream to the plate leads to an amplification of a structural mode with respect to the
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results for a grazing flow. Subsequently, a LRM solution is applied, targeting the frequency
region where the largest amplification of vibrations is observed. It is shown that the LRM
solution provides a strong reduction of the vibrations of the plate in the desired frequency
range, leading to a maximum reduction of 18 dB of the noise radiated into the cavity-backed
plate due to the amplified mode. The proposed solution also outperforms the equivalent
mass case.

Lastly, the use of LRMs with multiple stop band behavior to tackle two frequency ranges
simultaneously is investigated. It is shown that the Mixed LRM configuration creates two
vibration reduction zones, albeit less pronounced than the cases in which the entire plate is
treated with the same type of resonators. In addition, the creation of multiple stop bands
not only suppresses the amplification of the radiated noise but also achieves a reasonable
reduction in the first acoustic-driven mode of the system.
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