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Abstract

To enhance the sound insulation performance of double panel partitions at

their mass-air-mass resonance frequency, novel compact and low-mass so-

lutions are sought. This paper investigates the use of the locally resonant

vibro-acoustic metamaterial concept as a possible solution. The metama-

terial solution is applied to one panel of a double panel partition in order

to enhance the sound transmission loss at the mass-air-mass resonance. To

design the metamaterial solution and predict its sound transmission loss

performance, an extension of the multiple reflection theory is proposed,

incorporating the dynamic mass of a metamaterial panel. The latter is

obtained from the metamaterial plate dispersion curves, calculated using

finite element based unit cell modeling. The designed metamaterial solu-

tion is manufactured and its insertion loss is measured. The novel design

outperforms the original double panel and an equivalent total mass dou-

ble panel configuration in the targeted mass-air-mass resonance frequency

region. The predictions obtained with the proposed method are in good

agreement with the experimentally obtained results. This demonstrates the
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Nomenclature

α Factor to adjust measured and predicted STL

∆IL IL difference between metamaterial and bare

structure [dB]

∗(red) Reduced matrix or vector ∗

f Nodal force vector

K Stiffness matrix

k Wave vector

M Mass matrix

q Generalized displacement vector

R Matrix representing the phase shift relation-

ship

µi Propagation constant along lattice vector di

ω Angular frequency [rad/s]

ω2 Natural frequency of the second DOF of the

2 DOF system

ωβ Upper frequency limit of the negative dy-

namic mass region

ωH Upper frequency limit of the stop band

[rad/s]

ωL Lower frequency limit of the stop band

[rad/s]

τ Diffuse field transmission coefficient

f Averaged natural frequency [Hz]

Φi Amplitude of the incident wave

Φt Amplitude of the transmitted wave

ρ0 Air density [kg/m3]

σ Standard deviation

τ Transmission coefficient

τi Mass-law of the panel i

θ Angle of incidence of the acoustic ray

θl Maximum angle of acoustic plane wave inci-

dence

m̃ Dynamic mass [kg]

ũ1 Displacement of the 1 DOF system with dy-

namic mass

X̃1 Mode shape of the 1 DOF system with dy-

namic mass

ζ2 Modal damping ration

∗T Conjugate transpose

c0 Speed of sound in air [m/s]

c2 Damping coefficient [N/m/s]

d Air gap thickness [m]

di Lattice vector in the direction i

F0 Force [N]

fi Measured natural frequency of the resonant

structure i [Hz]

fMAM Mass-air-mass resonance frequency [Hz]

IL Sound insertion loss [dB]

ILB Measured IL of the bare double panel [dB]

ILM Measured IL of the metamaterial double

panel [dB]

j2 -1

k Wavenumber of air

k2 Spring stiffness [N/m]

m′i Mass per area of panel i [kg/m2]

m∗ Mass of the * DOF of the 2 DOF system [kg]

mHS Mass of the host structure [kg]

mRes Mass of the resonant structure [kg]

n Number of tested resonant structures

t Time [s]

u∗ Displacement of the * DOF of the 2 DOF

system

W Measured sound power [W]

X1 Mode shape of the first DOF of the 2 DOF

system
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potential of the metamaterial solution to enhance the acoustic insulation

at the mass-air-mass resonance and indicates that the proposed method al-

lows a fast, simple and representative indication of their acoustic insulation

performance.

Keywords: Locally resonant metamaterial, stop band, sound transmission

loss, double panel partition, dynamic mass, mass-air-mass resonance

1. Introduction

Double panels partitions are widely used in building applications due to

their low weight, good thermal insulation and high sound transmission loss

(STL). These partitions outperform the acoustic mass-law of a single panel

of the same mass in a large frequency range. However, a mass-air-mass

resonance is created at which both panels resonate on the stiffness of the

separating air layer, causing a frequency region of poor STL performance [1,

2, 3, 4]. The classical solutions for this vibro-acoustic problem are generally

based on either adding mass or increasing the space between the panels.

This leads to heavy and bulky structures, which is undesirable in the context

of the current trend towards lightweight design.

Locally resonant metamaterials have recently come to the fore as poten-

tial novel lightweight solutions for vibro-acoustic problems, be it in a well-

defined frequency ranges, referred to as stop bands [5, 6, 7, 8, 9, 10, 11, 12].

These are created by the addition of resonant structures to a host structure

∗Corresponding author: noegeraldo.rochademelofilho@kuleuven.be
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on a sub-wavelength scale, resulting in a tunable frequency region where

no free waves can propagate due to a Fano-type interference between the

resonant and host structure [5, 8, 13, 14]. The stop band frequency region

can be predicted based on dispersion diagrams, which can be calculated by

unit cell (UC) modeling using the finite element (FE) method in combina-

tion with the Bloch-Floquet theorem [15, 16, 17, 18]. It is known that stop

bands lead to frequency regions with high vibration attenuation and high

STL [6, 7, 19, 20]. Since the poor STL performance of a double panel parti-

tion caused by the mass-air-mass resonance is a vibro-acoustic problem in a

well-defined frequency range, the locally resonant metamaterial concept is

a potential solution [21, 22, 23, 24]. Consequently, in this work, the meta-

material concept is applied to a double panel partition by adapting one of

both panels to a locally resonant metamaterial panel.

To predict the STL of a double panel partition with one metamaterial

panel, some methods have been proposed in recent literature. In [21], the

analytical formulation of a finite panel is coupled with mass-spring systems

to derive the STL performance of a double panel partition. This does not

allow the use of realizable resonant structures. In [22], the plane wave ex-

pansion is used to define an effective medium by the means of the dynamic

mass of the metamaterial panel. The resonant structures are again treated

as mass-spring systems and no experimental validation is shown. In [23],

the acoustic mass-law is adapted to use the mass of the effective medium,

a series of layers connected by springs, with added mass-spring resonators.

Good agreement between model and experimental results are found, how-

ever, the method proposed again only considers mass-spring resonators and

does consider complex resonant structure geometries. In [24], porous ma-
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terial is introduced inside the air gap between both panels and different

configurations of the double panel partition are studied. The porous ma-

terial is modeled using Biot’s theory and an equivalent fluid assumption.

The resonant structures are again considered as mass-spring system and

only numerical results are shown. In all of these works, only simple spring-

mass resonators are considered instead of practically realisable geometries.

Methods to predict the STL of infinite periodic structures with complex

resonator geometries are also available. In [25], the UC is modeled using

FE and the surrounding acoustic domain using the Wave Based method.

Similarly, in [26], the FE UC model is coupled to the surrounding acoustic

domain modeled using a plane wave expansion. The use of FE UC descrip-

tions allows geometrically complex periodic structures to be considered. A

last possibility is the use of full vibro-acoustically coupled FE models with

Perfectly Matched Layer (PML) boundary conditions applied to the trun-

cated acoustic domains, e.g. see [27, 28]. However, compared to simplified

analytical representations, these FE based methods are computationally

more expensive.

This paper proposes a simple method to estimate the STL performance

of a double panel partition with a separating air gap, to which the metama-

terial solution is applied with complex and realizable resonant structures.

To achieve this, the Multiple Reflection Theory (MRT) [3] is applied as it

shows an acceptable average error below ±5 dB with experimental mea-

surements for bare double panel partitions [29]. The MRT uses the acoustic

mass law to predict the STL performance of a double panel partition. In

order to incorporate the metamaterial stop band effect, the MRT is extend

by including the dynamic mass of the metamaterial panel. The dynamic

5
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mass of the metamaterial can be calculated using different approaches, of-

ten relying on the analytical equations of motion of a mass-spring system

[30, 31, 32, 33]. In this paper, the equivalent dynamic mass is calculated

by relating the stop band limits obtained from calculated dispersion curves

for a metamaterial FE UC model to the negative mass frequency region of

the metamaterial panel [34]. Doing so, the MRT extended with the dis-

persion curve based equivalent dynamic mass allows for computationally

inexpensive and accurate STL predictions of metamaterial double panels

with complex resonator geometries.

A realizable metamaterial design is proposed to enhance the STL around

the mass-air-mass resonance frequency range of a double panel with a sep-

arating air gap. Its performance is predicted by the proposed extension of

the MRT with the metamaterial dynamic equivalent mass. The potential

of the metamaterial design and applicability of the prediction method are

demonstrated by a comparison with experimental measurement results on

a manufactured sample.

This paper is organized as follows. In section 2, the double panel and

metamaterial design are defined. Section 3 describes the stop band predic-

tion of undamped periodic structures and gives the stop band limits for the

designed metamaterial panel. Section 4 introduces the dynamic mass based

MRT method and the prediction and analysis of the STL performance of

the considered configurations. In section 5, the experimental setup used to

validate the resonant structure design and to measure the sound insertion

loss is explained. The measured natural frequencies of the resonant struc-

tures and the measured sound insertion loss of the considered configurations

are presented, analyzed and compared to numerical predictions in Section
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6. Finally, section 7 summarizes the main findings of this work.

2. Problem definition

This section describes the double panel partition and introduces the

metamaterial design to obtain stop band behavior around the bare double

panel mass-air-mass resonance frequency range.

2.1. Double panel partition

The panels (and later also the resonant structures) are made of poly-

methyl methacrylate (PMMA). PMMA is chosen because of its light per-

meability, as this kind of partition is generally found in windows, where

this characteristic is of great importance and needs to be preserved by the

metamaterial solution. The material properties of PMMA are retrieved

by weighing and model updating [35] of a PMMA panel with dimensions

300 × 200 × 4 mm [7], taking into account all seven free-free modes below

500 Hz. After an updating of the material properties, the average mis-

match between measured and numerically obtained natural frequencies is

below 0.3%. The modal damping is estimated by the half power bandwidth

method [36] as detailed in section 5.1. Table 1 shows the acquired material

properties.

Table 1: Material properties of the PMMA used for the double panel partition and

resonant structure.

Young’s modulus Poisson’s ratio Density Modal Damping

4850 MPa 0.31 1188.38 kg/m3 2.5%
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The considered double panel configurations are composed of two PMMA

panels of A2 dimensions (420×591 mm). The A2 area is chosen to guarantee

a sufficiently high modal density of the panel in the frequency region of the

mass-air-mass resonance, in order to reduce the influence of the panel modes

on the STL, and corresponds to the wetted surfaces in the measurement

setup introduced in section 5.

(a) (b) (c)

Figure 1: Schematic representation of the three configurations considered: (a) original,

(b) metamaterial and (c) equivalent mass.

Three configurations are considered (Figure 1): original, metamaterial

and equivalent mass double partitions. All configurations have an 8 mm air

gap in between both panels. The original and metamaterial configurations

are composed of two PMMA panels of 2 mm and 4 mm thickness. For the

metamaterial configuration the 2 mm panel serves as the host structure.

The equivalent mass configuration is composed of two 4 mm thick PMMA

panels and has the same total static mass as the metamaterial configuration

as will be discussed in section 2.2. The mass-air-mass resonance frequency

fMAM of the double panel partitions is calculated as [1]:

fMAM =
1

2π

√(
ρ0c20
d

)(
m′1 +m′2
m′1m

′
2

)
, (1)

with ρ0 the density of air, c0 the speed of sound in air and m′1 and m′2 the
8
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mass per area of each of the two panels. Corresponding to the ambient

temperature T = 20◦C during the measurements, ρ0 = 1.225 kg/m3 and

c0 = 340 m/s are considered. The calculated mass-air-mass resonances for

the configurations without resonant structures are listed in Table 2.

Table 2: Mass-air-mass resonance frequencies of the bare double panels with 8 mm air

gap.

Panels fMAM

Original 4 mm + 2 mm 532.9 Hz

Equivalent mass 4 mm + 4 mm 435.1 Hz

2.2. Metamaterial design

The metamaterial solution is designed to create a stop band in the fre-

quency region around the mass-air-mass resonance frequency 532.9 Hz of

the original double panel, targeting the flexural acoustically relevant waves.

The host structure is the 2 mm thick panel and a mass addition of 100%

with respect to this panel is aimed for, which results in a total mass addition

of 33% with respect to the entire double panel.

To achieve stop band behavior, the resonant structures need to exert

a non-zero net force on the structure with respect to the targeted out-of-

plane bending motion [37] and need to be added on a sub-wavelength scale,

smaller than half of the bending wavelength in the target frequency range

[5]. A resonator consisting of a cantilever beam with an end-point mass

meets the non-zero net force requirement at its first mode (Figure 2b), as

demonstrated by the authors in [7, 38, 39].

9



M
ANUSCRIP

T

 

ACCEPTE
D

ACCEPTED MANUSCRIPT

By adapting the beam and mass dimensions, the resonator is tuned to

the targeted mass addition and resonance frequency through manual iter-

ations by evaluating its first bending mode using an FE model with 1010

linear solid elements and clamped base boundary conditions. In these itera-

tions, the width of the resonators is fixed to 6 mm according to the PMMA

panel thickness available for manufacturing by means of laser-cutting, while

the PMMA material properties of Table 1 are used. Furthermore, to satisfy

the sub-wavelength requirement, the resonant structures are added two by

two in regular grid of 30× 30 mm (Figure 3), determining their maximum

size. The dimensions of the eventually fabricated resonator are shown in

Figure 2a and are obtained by averaging the measured dimensions of 10

manufactured resonant structures.

(a) (b)

Figure 2: The manufactured resonator dimensions in mm obtained by averaging the

measured dimensions of 10 manufactured resonators (a) and the resulting out-of-plane

bending mode at 563 Hz (b) used to create a stop band.

3. Stop band prediction

This section briefly describes the UC modeling for stop band prediction.

A more detailed description can be found in [5]. This section ends with the
10
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stop band prediction of the designed metamaterial.

3.1. Unit cell modeling

Figure 3: Periodic metamaterial (left) and its representative UC (right).

The often periodic configuration of locally resonant metamaterials is

exploited in UC modeling to predict their stop band frequency range by an-

alyzing dispersion diagrams, which describe the wave propagation in terms

of wavenumber and frequency. They can be obtained by applying Bloch-

Floquet periodicity boundary conditions to representative UC of the infinite

periodic structure (Figure 3) and solving the resulting eigenvalue problem.

In this work, the UC is modeled using FEM. This enables complex and

realizable structures to be considered, while the small model size allows for

fast stop band predictions.

As will be shown in section 4, the sound transmission loss predictions in

this work will be based on the stop band limits of the metamaterial panel.

In presence of damping, which is the case for the considered PMMA host

structure and resonators, the notion of stop bands fades and transitions to a

zone of increased wave attenuation, while the associated eigenvalue problem

is more computationally expensive to solve [7, 38]. Hence, to allow fast and

straightforward identification of the stop band limits, the wave propagation
11
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in the undamped infinite periodic structure is assessed by calculating dis-

persion curves for the undamped structure. The FE equations of motion of

an undamped UC are given by:

(
K− ω2M

)
q = f , (2)

with K and M the stiffness and mass matrix respectively, ω the angular

frequency, q the generalized displacement vector and f the generalized force

vector.

The Bloch-Floquet theorem relates generalized displacements and forces

on the UC boundary by using propagation factors ejµx and ejµy , along the

periodicity lattice vectors dx and dy (Figure 3), with j2 = −1. The prop-

agation constants µi represent the phase shift of a wave traveling through

the UC along the lattice vectors di and are given by:

µi = k · di, (3)

with k the wave vector. The phase shift relationship can be represented by

a matrix R, which is function of the propagation vector µ= (µx, µy) [40].

Application of the Bloch-Floquet boundary conditions leads to following

eigenvalue problem:

(
K(red) − ω2M(red)

)
q(red) = R∗T f = 0, (4)

with K(red) = R∗TKR and M(red) = R∗TMR the reduced stiffness and

mass matrix, respectively, q(red) = Rq the reduced generalized displacement

vector and the reduced generalized force vector R∗T f = 0 in absence of

external forces [40].

12
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Classically, undamped dispersion curves are calculated by solving the

eigenvalue problem to real ω for imposed real propagation constants along

the irreducible Brillouin contour [15]. Stop bands are identified as frequency

regions where no free wave propagation is found.

3.2. Stop band limits

Since the resonators are added to the 2 mm panel, only this panel is

analyzed using the earlier described method. First, the bare UC without

resonant structures is studied as a benchmark. Next, the metamaterial UC

with resonant structures is considered (Figure 3). The Bare UC is composed

of a PMMA panel with dimensions of 30× 30× 2 mm modeled with linear

shell elements. The metamaterial UC is composed of the Bare UC, as host

structure, and two resonant structures modeled using linear solid elements

(Table 3). The dispersion curves are calculated along the Brillouin contour,

defined in Figure 4a [41].

Table 3: FE model description of the analyzed UCs.

Linear shells Linear solids

Bare UC 246 -

Metamaterial UC 246 1010

In the dispersion diagram of the bare UC, three wave types are identi-

fied: bending (1), longitudinal (2) and shear (3). No stop band is present for

any of the wave types (Figure 4b). In the dispersion diagram of the meta-

material UC, a resonance based stop band for the targeted flexural waves

is obtained between 538 Hz and 621 Hz (Figure 4c). Two branches limit

13
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Figure 4: Along the irreducible Brillouin contour (a) the bending wave dispersion curve

of the metamaterial UC (c) has a clear stop band, compared to no stop band behaviour

in the bare UC dispersion curves (b).

the lower frequency of the stop band. This happens due to the presence of

two resonant structures with the same tuned frequency in one UC. There-

fore, two modes of the resonant structures are found at the same frequency,

having in-phase and anti-phase motion (Figure 5).

4. Dynamic mass based sound transmission loss prediction

This section describes the proposed STL prediction method for a meta-

material double panel partition by combining the MRT with the metama-

terial dynamic mass. First, the MRT is described. Next, the metamaterial

dynamic mass is derived to incorporate the stop band effect of a UC with an

arbitrary complex resonant structure in the MRT. Finally, the introduced

method is used to predict the STL of the three considered double panel

configurations.

14
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Figure 5: Visualization of the two modes of the resonant structures which limit the

lower frequency of the stop band (left): in-phase (top right) and anti-phase (bottom left)

motion of 5 UCs in the y-direction (Figure 4a) in the two branches.

4.1. Multiple Reflection Theory

To predict the STL of the metamaterial double panel, an infinite plate

representation is used. It is known that finiteness of a partition influences

the STL, because of resonant transmission due to structural modal be-

haviour and diffraction effects due to the finite aperture size [26]. However,

in and around the stop band frequency range of interest, the STL of a lo-

cally resonant metamaterial panel was found to be in good agreement with

infinite plate STL predictions, especially in presence of damping [26]. The

MRT is applied for the STL calculation of the double panel configurations.

This method is briefly decribed in the following, while a complete descrip-

tion of the method is given in [3]. The MRT considers infinite homogeneous

15
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Figure 6: Acoustic ray (Φi) impinging in a double partition panel and being attenuated

and reflected according to the acoustic mass-law of each panel (1 and 2) [3].

panels 1 and 2 constituting the double panel partition and treats the sound

incident waves as rays, which are attenuated and reflected at each panel

interface according to the acoustic mass law of each panel (Figure 6). Each

time a ray with amplitude ΦI impinges onto a panel, its transmitted am-

plitude is scaled with factor τi according to the acoustic mass-law of that

panel:

τi =
1

1 +
jωm′i cos θ

2ρ0c0

, (5)

where i = 1, 2 denotes the panel onto which the sound ray impinges (Figure

6), m′i denotes the mass per area of panel i and θ is the angle of incidence.

The reflected amplitude of the ray is conversely scaled by (1 − τi). As a

transmission problem is considered, the rays emerging at the other side of

the double panel partition are of importance, and the sum of these rays

gives the amplitude of the transmitted wave. The transmission coefficient

τ is then found as:

16
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τ =

∣∣∣∣ΦI

ΦT

∣∣∣∣2 =

∣∣∣∣ τ1τ2
1− (1− τ1) (1− τ2) e−2jkd cos θ

∣∣∣∣2 , (6)

where e−2jkd cos θ is related to the phase shift caused by the transmission and

reflections in the air gap. To obtain a better agreement with measurements,

a factor α is introduced, as proposed in [3]. Corresponding to the range of

values reported in [3], a value of α = 0.97 is applied in Eq. (6), which then

takes the following form:

τ =

∣∣∣∣ΦI

ΦT

∣∣∣∣2 =

∣∣∣∣ τ1τ2
1− α (1− τ1) (1− τ2) e−2jkd cos θ

∣∣∣∣2 . (7)

To acquire the diffuse field transmission coefficient, this equation can be

integrated over the angles of incidence using the Paris equation:

τ (ω) =

∫ θl
0
τ (ω, θ) cos θ sin θdθ∫ θl
0

cos θ sin θdθ
, (8)

where θl is maximum angle of incidence. In this paper, θl = 80o is chosen

to obtain good agreement with experimental results [3].

The classic MRT introduced in [3] relies on the acoustic mass-law, which

in its turn is based on the static mass of the panels. A further extension to

incorporate the stop band behavior is thus required. In what follows, the

static mass is replaced by a dispersion curve based dynamic mass of the

metamaterial panel. First, the dynamic mass equation is derived. Next,

the dispersion curves are used to obtain the parameters required to use the

derived equation of an UC with arbitrary complex resonant structure.

17
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4.2. Dynamic mass equation

To calculate the dynamic mass of a metamaterial panel, this paper pro-

poses to use the dynamic mass equation of a lumped 2 degree-of-freedom

(DOF) system combined with the stop band limits obtained from the FE UC

based dispersion curve calculations. In this way, is possible to homogenize

the mass of the 2 DOF system in a 1 DOF system.

(a) (b)

Figure 7: The 2 DOF system (a) is replaced by a 1 DOF system (b) with the equivalent

dynamic mass m̃.

Consider the translational 2 DOF system presented in Figure 7, in which

m1 represents the UC host structure mass, to which a tuned vibration ab-

sorber with mass m2, spring stiffness k2 and viscous damping c2 is attached.

The host structure mass is excited by a point force F0. The equations of

motion of this system are:

m1 0

0 m2

ü1ü2
+

 c2 −c2
−c2 c2

u̇1u̇2
+

 k2 −k2
−k2 k2

u1u2
 =

F0

0


(9)

where ui is the displacement of mass i, while u̇i = dui/dt and üi = d2ui/dt
2.

Assuming a time harmonic response, the displacements in Eq. (9) are writ-
18
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ten as ui(t) = Xie
jωt. Next, X2 is eliminated from the time harmonic

equations of motion, resulting in the following transfer function between

the input force F0 and the time-harmonic displacement response X1 of m1:

X1

F0

=
−ω2m2 + jωc2 + k2

(−ω2m1 + jωc2 + k2)(−ω2m2 + jωc2 + k2)− (−jωc2 − k2)2
. (10)

The 2 DOF system is replaced by the 1 DOF system of Figure 7b which

consists of a single lumped mass m̃ with time harmonic displacement re-

sponse ũ1(t) = X̃1e
jωt. For this system, the transfer function between the

excitation F0 and response X̃1 is:

X̃1

F0

=
1

−ω2m̃
. (11)

By imposing equality of both transfer functions (10) and (11), and solv-

ing for m̃, the following equivalent mass of the 2 DOF system is obtained:

X1

F0

=
X̃1

F0

⇔ m̃ =
F0

−ω2X1

= m1 +m2
jωc2 + k2

−ω2m2 + iωc2 + k2
. (12)

This is re-written as follows:

m̃ = m1 +m2

 2jζ2ω
ω2

+ 1

1 + 2jζ2ω
ω2
−
(
ω
ω2

)2
 , (13)

with damping ratio ζ2 = c2/2
√
k2m2 and natural frequency ω2 =

√
k2/m2

of the tuned vibration absorber in the 2 DOF system.

For illustration purposes, the equivalent dynamic mass m̃ is calculated

for an undamped 2 DOF system with properties (ζ2 = 0), m1 = 1 kg,

m2 = 0.2m1 and ω2 = 500 Hz (Figure 8). At ω = 0, the equivalent dynamic
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mass equals the total static mass m1+m2. Towards the natural frequency ω2

of the resonator, m̃ strongly increases and tends to infinity. After resonance,

anti-phase motion occurs between m1 and m2, causing m̃ to assume negative

values until ωβ, after which m̃ gradually evolves towards m1.

0
2

Frequency [rad/s]

-10

0

10

D
y
n

a
m

ic
 M

a
s
s
 [

k
g

]

Figure 8: The equivalent dynamic mass of an undamped metamaterial system tends to

∞ when ω → ω2, after which it changes to negative values until ωβ .

The negative dynamic mass between ω2 and ωβ is obtained because only

the transfer function of the first DOF of the 2 DOF system is used to de-

scribe the total system response. Consequently, an observability problem is

encountered, which allows m̃ to take negative values. The negative dynamic

mass effect means that the excitation force is balanced by the inertial force

exerted by the resonator, which leads to u1(t) = 0 [42]. Resonance based

stop bands are known to lead to to negative dynamic mass [42, 43, 44, 33].

The negative dynamic mass frequency range in locally resonant metamate-

rials corresponds to the stop band frequency range generated by the sub-

wavelength resonant additions [43, 31].
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4.3. Dynamic mass of a metamaterial

In previous subsection the equivalent dynamic mass is calculated for a

2 DOF system. However, real systems have multiple DOFs. Consequently,

a simplification from a metamaterial UC to a 2 DOF system is required for

the previously derived formulation to be applicable.

To calculate the dynamic mass of a given UC using Eq. (13) four pa-

rameters have to be determined: ζ2, m1, ω2 and m2. The damping ratio of

the resonator ζ2 is determined by the measured modal damping. The other

three parameters are less straightforward to derive for a realizable UC con-

taining a host structure mass mHS and a possibly complex resonator with

mass mRes (Figure 9). Since not all resonator mass is effectively resonating,

m2 differs from mRes and m1 differs from mHS. In addition, the natural

frequency of the resonator depends on the stiffness of the resonator, the

host structure and their connection, causing ω2 to possibly differ from the

tuned frequency of the separate resonator.

Figure 9: Masses of a realizable metamaterial UC compared to the masses of a 2 DOF

system and the conservation of mass between both systems.

To determine m1, conservation of mass is applied to the realizable meta-

material UC and the simplified 2 DOF system:

m1 = mHS +mRes −m2. (14)
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To determine ω2 and m2, the negative mass property of the metamaterial

inside the SB is exploited. The lower stop band limit ωL and the higher

stop band limit ωH obtained with the dispersion curves of the undamped

metamaterial structure correspond to the limits ω2 and ωβ of the negative

mass frequency range of the equivalent system [43]:

ω2 = ωL,

ωβ = ωH .
(15)

By doing so, the influence on the resonance frequency of adding the

resonant structures onto the host structure is accounted for. By substituting

Eq. (14) into Eq. (13) and evaluating at ω = ωH for an undamped system,

for which m̃ = 0, m2 is obtained:

m2 =
mHS +mRes

1− 1

1−
(
ωH
ωL

)2

. (16)

By substituting the known m1, ω2 and m2 in Eq. (13), the equivalent

dynamic mass of the metamaterial panel is found as follows:

m̃ = mHS +mRes +
mHS +mRes

1− 1

1−
(
ωH
ωL

)2

 2jζ2ω
ωL

+ 1

1 + 2jζ2ω
ωL
−
(
ω
ωL

)2 − 1

 . (17)

In the proposed method, damping is only considered in the resonant struc-

ture. Since damping in the host structure was found to have a negligible

effect on the STL performance in and around the stop band, neglecting

damping in the host structure with the current approach is not expected to

affect the STL predictions, especially in and around the targeted stop band

frequency range of interest [45].
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The above Eq. (17) is applied to the considered metamaterial structure

with the parameters listed in Table 4 to illustrate the negative dynamic mass

effect (Figure 10). At ω = 0, the metamaterial dynamic mass equals the

equivalent static mass configuration. The dynamic mass increases towards

a peak at ωL due to the resonance based stop band induced by the sub-

wavelength resonant additions. At ωH , m̃ = 0 indicating the end of the stop

band. Furthermore, the dynamic mass of the metamaterial configuration is

reduced after the stop band. Since part of the resonator is not partaking

in the resonance, the dynamic mass after the stop band evolves towards a

value smaller than the equivalent static mass, but greater than the original

bare host structure configuration. By introducing the calculated dynamic

metamaterial mass into Eq. (7) for the corresponding panel, the STL of the

metamaterial double panel can be predicted.

Table 4: Parameters used to calculate the dynamic mass of the metamaterial panel.

mHS mRes ωL ωH ζ2

2.1 g 2.0 g 536 Hz 620 Hz 2.5 %

4.4. Sound transmission loss prediction of the partitions

The normal and diffuse incidence STL are predicted for the original,

equivalent static mass and metamaterial double panels using the MRT.

The masses per area are shown in Table 5 for the original and equivalent

mass panels. The mass per area of the metamaterial panel is obtained by

dividing the dynamic mass obtained with Eq. (17) by the UC area. This

homogenization is allowed since the UC dimensions are sub-wavelength [22].
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Figure 10: The metamaterial dynamic mass per area tends to ∞ at ωL (first black

vertical line) and is equal to 0 at ωH (second black vertical line), after which it takes a

value smaller than the equivalent static mass configuration and larger than the original

configuration.

Table 5: Masses per area of the PMMA panels used to compose the original and equiv-

alent mass configurations.

2 mm panel 4 mm panel

2.3768 kg/m2 4.7535 kg/m2

The normal and diffuse STL of the metamaterial show a strong improve-

ment around the fMAM of the original configuration due to the tuned stop

band effect (Figure 11 and Figure 12). The original and equivalent mass

configuration show an STL dip around their fMAM for normal incidence,

which becomes less outspoken for diffuse incidence. This happens because

each incidence angle leads to an oblique mass-air-mass resonance at a differ-

ent frequency, reducing the STL also for frequencies exceeding fMAM [46, 3].

This gives origin to the upper London frequency, which is the maximum fre-

quency at which the mass-air-mass phenomenon can occur, determined by
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the maximum considered incidence angle, chosen as θl = 80◦ in this study

[3].
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Figure 11: STL prediction for normal incidence for the three studied configurations:

original, equivalent static mass and metamaterial, where a strong improvement in the

mass-air-mass resonance frequency region of the original configuration is obtained with

the metamaterial configuration.

Right before and after the stop band, however, the metamaterial shows

a reduced STL performance, which is more pronounced in the normal STL.

This can be explained by the creation of two mass-air-mass resonances by

the metamaterial panel in the double panel configuration: at 409 Hz and

663 Hz. These resonances can be calculated when the dynamic mass per

area of the metamaterial panel is introduced in Eq. (1). After the sec-

ond mass-air-mass resonance, the predicted STL of the metamaterial panel

evolves towards a value in between the original and equivalent static mass

configuration, corresponding to its dynamic mass (Figure 10).

In conclusion, the locally resonant metamaterial concept shows potential

to improve the STL of the double wall structure when tuned to its mass-air-

mass frequency range. In the targeted frequency range, the metamaterial
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Figure 12: STL prediction for diffuse incidence for the three studied configurations:

original, equivalent static mass and metamaterial, the dip in the STL due to the mass-

air-mass resonance is not as pronounced as for normal incidence (Figure 11), however,

the stop band effect is still clearly obtained with the metamaterial configuration.

double panel outperforms a regular mass addition by increasing the panel

thickness. In section 6, the numerical predictions will be validated experi-

mentally, after introducing the measurement setup in the following section

5.

5. Test setup

This section describes the measurement setup for the validation of the

resonant structure design and the setup for the sound insertion loss (IL)

measurements of the manufactured double panel configurations.

5.1. Resonant structure design validation

In order to validate the design of the resonant structures, the resonance

frequency of the tuned bending mode and the corresponding modal damping

ratio is measured for 10 manufactured resonant structures. The resonance
26



M
ANUSCRIP

T

 

ACCEPTE
D

ACCEPTED MANUSCRIPT

frequency is determined experimentally by gluing the resonant structure to

a rigid aluminum base which is connected to a shaker (Figure 13) [7]. The

Loctite R©406 contact adhesive is used to glue the resonant structures, which

is known from previous work to have a negligible damping influence [7, 38].

The vibration response of the resonators is measured at its end point mass

using a Scanning Polytec PSV-500 Laser Doppler Vibrometer [47].

The average resonance frequency f is determined by a linear average of

the identified resonance frequencies. The standard deviation is calculated

as:

σ =

√√√√(∑n
i=1

(
fi − f

)2
n

)
, (18)

where n is the number of tested resonant structures, fi is the measured

natural frequency. The modal damping of the resonator is estimated by

linearly averaging the modal damping of the same 10 resonant structures,

obtained by applying the half power bandwidth method [36].

5.2. Insertion loss measurements on the KU Leuven Soundbox

To validate the numerically predicted STL, the IL of realized double

panel configurations is measured using a small acoustic cabin. The IL is

used, since it is difficult to obtain STL measurements with the used setup.

The IL differs from the STL since it also carries information about the

environment in which the test is performed [48].

The small acoustic cabin used to install and test the panels is the KU

Leuven Soundbox [49, 48] (Figure 14). This cavity is made of concrete

walls and has an inner volume of 0.83 m3. Its walls are skewed to obtain an

27



M
ANUSCRIP

T

 

ACCEPTE
D

ACCEPTED MANUSCRIPT

Figure 13: To measure the resonance frequency and modal damping of the resonant

structure, the test sample is glued on an aluminum block, which is excited by a shaker.

The response of the test sample is measured at its end point mass using a laser vibrometer,

not shown in the figure.

evenly spaced frequency distribution of the acoustic modes below the field

diffusivity limit at 1600 Hz [48]. The cavity is sealed by a 35 mm thick

aluminum front wall, with an A2 sized aperture (420×594 mm) onto which

test samples can be attached. The panels are clamped with a frame on the

front wall using 52 bolts, to which a consistent 30 Nm torque is applied.

To fit the A2 aperture, the manufactured double panel partitions are

composed of two PMMA panels with total dimension of 860 × 640 mm,

as part of the panels area is used for their installation on the front wall

(Figure 16). The resonant structures are added to the PMMA panel by

adhesive bonding (Loctite R©406). In the clamped boundary, a Medium

Density Fiberboard (MDF) panel with 8 mm is used as a spacer to create

the designed air gap, without covering the acoustic wetted surface (Figure

15 and Figure 16).

The IL is calculated as:
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(a) (b)

Figure 14: IL measurements are performed on the KU Leuven Soundbox small cabin by

acquiring the radiated sound power in open (a) and closed (b) configuration for the same

acoustic excitation inside the cavity (loudspeaker, indicated by the blue circle).

IL (f) = 10 log10

Wopen

Wclosed

(19)

where Wopen and Wclosed are the measured sound powers radiated through

the aperture in open configuration and closed by the test sample, respec-

tively, when acoustically excited by a loudspeaker inside the cavity (Figure

14a). The sound power is measured using a B&K sound intensity PP probe

type 2681 with a spacer of 12 mm, which allows measurements from 125 Hz

to 6300 Hz [50], and a scanning measurement procedure is applied [6]. The

signal is acquired by an LMS Scadas mobile coupled to LMS Test.Lab 16

software.

Since the IL carries information about the testing environment, the stop
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(a) (b) (c) (d)

Figure 15: The metamaterial double panel is composed of a PMMA 2 mm thick meta-

material panel (a), an MDF spacer with 8 mm of thickness (b), an bare PMMA 4 mm

thick panel (c), while a 10 mm thick aluminum frame is used to clamp it on the KU

Leuven Soundbox (d) as shown in Figure 16.

band effect can be shown more clearly, by calculating the difference in IL

as follows:

∆IL = ILM − ILB (20)

where ILM is the narrow-band IL of the metamaterial double panel config-

uration and ILB is the narrow-band IL of one of the bare configurations:

original or equivalent mass. To facilitate the interpretation of the data, the

IL and ∆IL are represented in 12th octave frequency bands averaged format.

6. Experimental validation

This section first discusses the measured natural frequencies of the res-

onant structures. Next, the IL results for the three considered double panel

configurations are discussed and compared to the numerical predictions to
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(a) (b) (c)

Figure 16: Realization of the original (a) and metamaterial (b) double panel partition,

clamped on the KU Leuven Soundbox, with the MDF spacer in between (c).

demonstrate the metamaterial double panel potential. Finally, a compari-

son of predictions and measurements is presented using the ∆IL to validate

the method proposed in this paper.

6.1. Resonant structure measurements

The numerically predicted and experimentally obtained average reso-

nance frequencies are in good agreement (Table 6). The standard deviation

on the measured resonance frequency indicates some variation, which can

be explained by manufacturing imprecisions as well as slight variations in

the material properties. The variation of resonance frequency breaks the

periodicity assumed in the UC analysis. In [51] it was shown that varia-

tions on the resonance frequency leads to a widening of the frequency range

of attenuation, but reduces the peak attenuation performance, and can be
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Table 6: Comparison between numerically calculated and experimentally measured av-

erage natural frequency of the designed resonant structure.

Numerical Experimental

562.97 Hz 562.75± 8.18 Hz

compared to an increase of the resonator damping. Consequently, the UC

analysis can still be applied.

6.2. Insertion loss results
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Figure 17: The measured metamaterial double partition panel IL strongly outperforms

the original and equivalent static mass IL in the stop band frequency region, represented

by the black vertical lines.

The metamaterial double panel outperforms both the original and equiv-

alent static mass double panel below and inside the predicted stop band

(Figure 17). The metamaterial is outperformed by both bare double panel

configurations near the upper limit of the stop band. This is caused by the
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low dynamic mass and the introduced second mass-air-mass resonance, as

discussed in section 4.4. Around 1000 Hz the metamaterial configuration

reaches a similar IL performance as the equivalent static mass configuration.

This behavior corresponds well to the predictions for the normal incidence

with the proposed MRT method (Figure 11). However, direct comparison

of the absolute predicted STL and measured IL shows overestimation when

normal incidence is considered (Fig. 11) and underestimation when diffuse

field (Fig. 12) is considered. This is explained by the mass-air-mass res-

onance frequency range being below the field diffusivity limit of the KU

Leuven Soundbox, as well as the intrinsic difference between STL and IL,

with the latter containing information of the measurement setup.

In the measured IL of the original configuration, a pronounced dip is

measured at 444 Hz, which does not correspond to the predicted mass-air-

mass resonance frequency of 532.9 Hz. This IL dip is related to the presence

of 7 acoustic modes of the Soundbox cavity in the 400− 500 Hz frequency

range [48]. To verify the effect of these modes, the IL is measured using the

panels of the original configuration with an air gap of 4 mm and a predicted

mass-air-mass resonance frequency of 753.6 Hz. A dip in the IL for the

4 mm air gap configuration is found around the predicted mass-air-mass

resonance frequency range. However, an IL dip around 444 Hz is also found

as was the case for the 8 mm air gap (Figure 18), confirming the influence

of the acoustic cavity modes on the measured IL.

In summary, the experimental IL measurements indicate an improve-

ment around the targeted mass-air-mass resonance frequency range, as ex-

pected using the numerical predictions.
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Figure 18: The IL of the bare double panel partition shows a dip at 444 Hz for both

air gapscaused by acoustic modes of the KU Leuven Soundbox cavity, despite different

mass-air-mass resonance frequencies at 532.9 Hz (8 mm air gap) and 753.6 Hz (4 mm air

gap).

6.3. Numerical model validation

To verify the accuracy of the numerical STL predictions with the pro-

posed extension of the MRT method, the numerically predicted STL is

compared with the experimentally measured IL. The ∆IL of Eq. (20) is

used to reduce the influence of the cavity and panels modes and sound inci-

dence angles on the IL results, since the STL predictions with the extended

MRT method do not carry information about the testing environment and

finiteness of the panel. As discussed in section 4.1, the finite panel dimen-

sions are expected to be of limited influence in and around the stop band

frequency range, especially considering the high intrinsic damping of the

PMMA material.

The normal incidence ∆STL prediction agrees overall well with the mea-
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Figure 19: The calculated ∆STL between original and metamaterial configuration for

normal incidence corresponds well to the measured ∆IL. The calculated ∆STL for diffuse

field underestimates the stop band effect. Furthermore, a clear peak in the measured IL

can be noticed in the stop band frequency region, represented by the vertical black lines.

sured ∆IL (Figure 19 and 20). As only normal incidence and no variability

in the resonant structure is accounted for in the UC analysis based MRT

calculations, the predicted normal incidence ∆STL overestimates the peak

performance. The diffuse field ∆STL prediction, on the other hand, un-

derestimates the peak performance found with the ∆IL obtained from the

comparison with both the original and equivalent static mass double panels.

After the stop band, the severity of the measured ∆IL dip following

from the additional mass-air-mass resonance is slightly overestimated by the

normal incidence ∆STL prediction, but more strongly overestimated with

the diffuse field ∆STL prediction. The stronger deviation of the diffuse

field ∆STL prediction is explained by the occurrence of the oblique mass-

air-mass resonance in infinite double panel partitions as discussed earlier in
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Figure 20: The stop band effect is clearly present in the ∆IL between the metamaterial

and equivalent static mass configuration. The ∆STL between original and metamaterial

configuration for normal incidence again corresponds well to the measured ∆IL. The

∆STL for diffuse field does not predict the reduced acoustic insulation performance

measured after the stop band frequency region, represented by the black vertical lines.

section 4.4. Moreover, the acoustic field inside the KU Leuven Soundbox for

the targeted frequency range is neither normal nor diffuse, resulting in the

measured results lying in between both normal and diffuse field predictions.

For the given test setup and samples, a better agreement is found between

normal ∆STL predictions and ∆IL measurements.

To summarize, the measured ∆IL highlights the stop band effect ob-

tained with the metamaterial double panel as a strong improvement of the

acoustic insulation performance in the targeted mass-air-mass frequency

region compared to both bare configurations. From the good agreement be-

tween measurements and predictions, it can be concluded that the proposed

STL prediction method allows a fast and indicative calculation to assess the

stop band effect obtained by the use of complex resonant structures.
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7. Conclusion

In this work, a realizable metamaterial double panel is presented to

improve the acoustic insulation performance of a double panel in the mass-

air-mass resonance frequency range. To design the metamaterial double

panel, an extension of the MRT method with the finite element unit cell

analysis based dynamic metamaterial mass is proposed, to allow for simple

and fast STL predictions that can account for complex resonator designs.

The numerical predictions indicate the potential of the metamaterial

double panel as a lightweight solution, since a strong STL improvement

is predicted around the targeted mass-air-mass resonance frequency range.

To validate the metamaterial potential as well as the applicability of the

proposed STL prediction method, a metamaterial double panel is manu-

factured and its acoustic insulation performance is measured on a small

acoustic cabin. Good agreement is obtained between numerically predicted

∆STL and experimentally measured ∆IL, comparing the metamaterial dou-

ble panel against the original bare double panel as well as against the

equivalent static mass double panel configuration. It is concluded that

the proposed approach is a powerful tool in a design phase to assess the

stop band effect related acoustic insulation improvements for metamaterial

double panels with realizable resonators.
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Highlights 

- Double panel STL is enhanced at the mass-air-mass frequency using locally resonant 
metamaterials 

- A unit cell based dynamic mass calculation based on the dispersion curves is proposed 
- Fast STL prediction method is proposed using the multiple reflection theory combined 

with the dynamic mass 
- A transparent metamaterial double panel partition is designed, manufactured and tested 

experimentally 
- Good agreement between proposed method and experimental results 


