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Abstract

Using a state of the art one dimensional, two-phase, dynamicsystem model, the size effects of
a portable two-phase microchannel electronic cooling system are investigated using different re-
frigerants (R134a, R236fa, R245fa). Special attention is given to the accumulator size and its
limitations for portable applications. An analytical model is developed to investigate the accu-
mulator size effect on the loop and compared to the numerical results obtained from the system
model. The influence of various loop parameters and possibleimprovements is investigated.
Finally usable design equations are developed to calculatethe needed accumulator size. These
equations are further used to compare the performance of thedifferent refrigerants and control
techniques with regard to the size effects.

Keywords: Two-phase, Portable electronics cooling, Accumulator design, Refrigerant
performance

1. Introduction

At present there is a notable increase in research towards compact, high heat flux, dedicated
cooling solutions for electronic systems. This is due to an ever increasing power density of these
electronic components that needs to be dissipated. Conventional cooling using finned heat sinks
with air is inadequate to keep up with these increasingly stringent cooling demands.

Liquid cooling using microchannels has been extensively explored and is capable of cooling
much higher heat fluxes than conventional cooling solutions. Pioneering work in this field has
already been done by Tuckerman and Pease [1] almost three decades ago. Initially experimental
work was difficult due to the small size of the microchannels. Because of this, conflicting results
and correlations were obtained [2, 3]. However, as measurement techniques and various scale
effects were correctly identified, it is now accepted that conventional models can be used to
calculate pressure losses and heat transfer in microchannels [4, 5].

Another novel cooling solution that receives a lot of attention in research [6, 7] is the use of
flow boiling in microchannels. By using the latent heat of vaporization the heat transfer can be
increased by an order of magnitude in comparison with liquidconvection. This fact coupled with
enhanced temperature stability due to the latent heat makestwo-phase cooling a very interesting
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technique to cool the most demanding applications. Becauseof its excellent properties large
scale flow boiling is widely used in most critical cooling situations (e.g. nuclear reactors).

Although two-phase microchannel cooling holds many promises, some difficulties still pre-
vent this technique from being fully utilized. Such as, unlike single-phase flow, the behavior of
the flow is different in microchannels [6–10]. Because of this difference, conventional correla-
tions cannot be used to calculate pressure losses, heat transfer, critical heat flux or flow regimes.
Due to the recent intensified research many new correlationshave been developed specifically
for microchannels [11–14]. With the increase in the number of available experimental data, the
range and the quality of the correlations has increased.

While research in the fundamental behavior of two-phase flowin microchannel has already
been quite extensive, the general system behavior of a two-phase electronics cooling loop has
not received as much attention. Some work has been done on developing cooling cycles for a
two-phase cooling system for a computer blade server [15]. Also the stability of a two-phase
cooling system has been investigated [16]. Historically detailed system level models of complex
two-phase systems and flows have been developed for refrigeration systems and cooling systems
of nuclear power plants [17, 18].

Recently a dynamic system model has been developed to simulate a two-phase electronic
cooling system [19–21]. The equations of of mass, momentum and energy conservation are
numerically solved using finite volume discretization and implicit time integration. Additionally,
heat conduction models for the heat sink and heat exchanger are included. Moreover, state-of-
the-art correlations are used to close the numerical equations.

Some differences exist between conventional two-phase cooling systems and small scale mi-
croelectronic cooling systems. Indeed, usually strong limits on size and weight of components
are imposed, for instance in portable cooling systems, varying from highly mobile (e.g. laptop
computer) to moderately mobile (e.g. desktop computer). Most of the conventional applications
do not have these strong limitations due to their stationarynature. Furthermore, these size limi-
tations possibly have a large influence on the system behavior. In particular the accumulator can
largely influence system behavior.

The focus of the current paper is on the impact of size reduction on a two-phase cooling
loop. It is clear that the accumulator is a crucial componentin this perspective, as its volume
is immediately linked to pressure changes in the system and thus to the boiling temperature in
the heat sink. The junction temperature of the electronics is strongly linked with the boiling
temperature, as the boiling temperature determines the coolant temperature in the two-phase
region of the heat sink. To analyze the size reduction a dynamic system model [19–21] is used.
Subsequently an analytical model is developed in section 3,to characterize these size effects.
This model is evaluated against more detailed numerical results in section 4. This results in
design equations for the accumulator comprising the most important system characteristics and
requirements. These are derived and discussed in section 5.

2. Numerical system model

In order to analyze the impact of the accumulator size, a dynamic system model is used. A
detailed description of the dynamic system model is beyond the scope of this paper. However, a
general overview and relevant properties of the model for the current investigation are summa-
rized in this section. A more in depth description of the system model can be found in the related
literature [19–21].
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Figure 1: Schematic representation of a two-phase cooling system, with (a) the pump, (b) the accumulator, (c) the
pre-heater, (d) the microchannel heat sink, (e) the connecting tubing and (f) the heat exchanger with air.

A basic configuration for a two-phase cooling system is presented in Fig. 1. Such a system
typically consists of a pump, a pre-heater, a microchannel heat sink, a heat exchanger with air, an
accumulator and connecting tubes. All components are described within the numerical model.
Furthermore, the model needs to be able to perform dynamic simulations with single-phase flow,
vapor-liquid flow and the transition between these regimes.

The governing equations for flow-area averaged two-phase flow can be formulated in differ-
ent forms with a varying degree of accuracy. Going from less accurate to more detailed these
can be divided into (i) homogeneous models, (ii) diffusion (drift-flux) models and (iii) multifluid
models [22]. The present system model is based on the diffusion model. This model is chosen
because of the added accuracy in regards to the homogeneous model while not being as compu-
tationally costly as the multifluid models. These latter also require numerous interfacial transfer
models and correlations [22]. Additionally, the liquid andvapor phases are assumed to be in
thermal equilibrium. Viscous heating is neglected as well.The model consists of one mass equa-
tion, one mixture momentum equation and one mixture enthalpy equation (neglecting potential
energy changes in time). These can be written as [22]:
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wheres is the coordinate in the direction of the flow,ρ = αρg+ (1−α)ρl the mixture density,
A the cross sectional area of the flow,G = αρgug + (1− α)ρlul the mixture mass flux withug the
vapor velocity andul the liquid velocity.ρ′ is the apparent momentum density defined by:
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with x the vapor quality,α the void fraction andρl, ρg the liquid and vapor density respectively
at mixture temperature and pressure. Furthermore,P is the pressure,F the frictional and local
losses,g the gravitational acceleration andθ the inclination angle of the flow with respect to the
horizontal plane.h⋆ is the mixture specific enthalpy defined by:

h⋆ =
ρl (1− α) hl + ρgαhg

ρ
(5)

with hl, hg the saturated liquid and vapor enthalpy. Additionally,h = xhg+ (1− x)hl is the mixed-
cup enthalpy,k the thermal conductivity,Tc the mixture temperature,q the heat flux andPm the
perimeter of the flow channel.

A first step to numerically solve Eqs. (1) to (3) consists of discretizing the equations based
on the finite volume technique. This is performed on a staggered 1 dimensional grid to avoid
odd-even pressure-velocity decoupling. Mass and enthalpyare discretized over control volumes
(CVs) around the cell centered nodes, whereas the momentum equation is discretized over a
staggered grid. The cell centered nodes are positioned so that the discretized pressures coincide
with the entrance and exit of the components. This way the individual pressure losses of each
component can be deduced without further interpolation. This also means that the entrance
and exit of the components coincide with the faces of the momentum control volumes. Special
consideration is given to the connection of the accumulatorto the flow loop. The connection is
made with a perpendicular splitter (T-connection), with the accumulator tubing perpendicular to
the flow loop tubing. A momentum CV completely encompasses the splitter and is thus the only
momentum CV with 2 velocity components in the entire flow loop. Because both components
are perpendicular there exists no momentum transfer towards the accumulator. As a result the
accumulator interacts with the loop through its pressure only. Finally the numerical solution of
the flow is handled using the SIMPLE algorithm [23].

2.1. Empirical correlations

In order to solve the discretized equations, empirical correlations are needed to calculate the
void fractionα, the frictional pressure lossesf , local pressure lossesK and the heat transfer
coefficienth f . To calculate the void fraction from the vapor quality, the CISE correlation [24]
is used in the macro-scale channels. In the microchannels the correlation of Zhang et al. [25] is
used.

To calculate the single-phase pressure losses, fully developed flow is assumed in the larger
components of the loop (tubing and heat exchanger). For laminar flow in circular channels the
following formula is used :f = 64

Re , with Re the Reynolds number defined as:Re = GDh
µ

, with µ
the dynamic viscosity. For turbulent flow the Colebrook correlation is used [26]. The two-phase
pressure losses in the components with macro-scale channels are calculated using the Lockhart-
Martinelli correlation [27].

Because the microchannels can be relatively short, flow development can be an important
part of the pressure losses. Therefore, the Yilmaz-Bender correlation [28] is used to calculate
the laminar single-phase pressure losses in the microchannels. The saturated two-phase pressure
losses in the microchannels are calculated with the Lee and Mudawar correlation [29]. This
correlation is a modification of the Lockhart-Martinelli correlation specifically developed for
saturated two-phase flow in microchannels.

The main local pressure losses in the system consist of contraction and expansion losses at
the in- and outlet of the microchannels. As has been shown in literature [5, 30–32] these losses
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can be a significant portion of the total pressure losses in microchannels. Therefore these cannot
be neglected. For single-phase flow the formulas derived by Kays [33] for the contraction and
expansion losses are used.

The following expressions for the irreversible pressure losses based on a similar derivation
as their single-phase counterparts have shown reasonable agreement with experimental data for
microchannels [34]:
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whereKe andKc are the expansion and contraction loss coefficients (defined referenced to the
mass flux in the smallest channel),σ is the flow area contraction ratio (always the ratio of the
smallest area to the largest area) andCc is the contraction coefficient.Cc is calculated using the
expression from Geiger [35].ρ′′ is the apparent energy density which is defined as:
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The heat sink is divided into four regions to calculate the heat transfer coefficient: the single-
phase region, the partial boiling region, the fully developed subcooled boiling region and the
saturated two-phase region. The last region is identified bya local thermodynamic vapor quality
larger than zero. To separate the partial boiling region from the fully single-phase region, the
onset of boiling (ONB) model of Liu et al. [36] is used. This model has been validated using a
microchannel test section and shows good agreement with experimental results [36]. The tran-
sition from partial boiling to fully developed subcooled boiling is set at the onset of significant
void (OSV). The correlation of Saha and Zuber [37] is used to detect this transition.

The laminar heat transfer in the single-phase region is calculated with the Muzychka and
Yovanovich correlation [38]. This is a conventional correlation that takes into account flow devel-
opment and channel geometry. For the turbulent single-phase regime, the Gnielinski correlation
is used [39]. The correlation of Bertsch et al. [14] is used tocalculate the saturated boiling heat
transfer. To ensure a smooth transition between the fully developed subcooled boiling regime and
the saturated boiling regime, the correlation of Cooper is used to calculate the fully developed
subcooled boiling heat transfer. Finally for the partial boiling regime the interpolation method of
Kandlikar [37] is used. This ensures a smooth transition between the single-phase region, partial
boiling regime and the fully developed subcooled boiling regime.

In the heat exchanger the primary flow is divided into two regions to calculate the heat trans-
fer coefficient. These consist of a condensation region and a single-phase region. The separation
between these regions is set by a local thermodynamic vapor quality equal to zero. In the single-
phase region the same correlations as in the single-phase region of the heat sink are used. In the
condensation region the correlation of Shah is used [40] to evaluate the heat transfer coefficient.
In general, the type of heat exchanger used in portable electronics cooling systems is a crossflow
air-liquid heat exchanger. Therefore in the current investigation a multi-louvered finned, cross-
flow air-liquid heat exchanger is used. For the convective heat transfer coefficient to the air, the
correlation by Kim and Bullard is used [41].
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2.2. Accumulator modeling

Because of its importance in a compact cooling system, an accumulator model needs to be
included in the system model. To allow phase transition an accumulator of sufficient size is
needed. Indeed during such a transition the average densityof the coolant will drop, with the
mass of the system being constant, this results in an increase of the total volume of the coolant.
If the system boundaries are very stiff, such a volume increase is not possible and the phase
transition cannot occur. Instead the absolute pressure of the system will increase and the coolant
will remain in the liquid phase.

A classic accumulator using inert gas as a compressible volume will become increasingly
stiff with decreasing gas volume for the same volumetric change ofthe system. This stiffness
will result in an increased absolute pressure and exit temperature of the heat sink. Furthermore,
there will be a decrease in exit vapor quality and boiling length of the heat sink at steady state.
With increasingly smaller accumulator size the steady state flow tends to be more single-phase
liquid. Because the accumulator size can be severely limited in a portable cooling system, this is
an important parameter to investigate.

To model the pressure changes of the accumulator, the inert gas is modeled as an ideal gas
undergoing compression by the volume changes. To take into account the cooling of the inert
gas (and pressure decrease) a lumped capacitance model of the accumulator is used.

Using the first law of thermodynamics on the inert (ideal) gasand modeling the heat transfer
using a lumped capacitance model results in the following equation:

migcv,ig
dTig

dt
= UAig

(

Tenv − Tig

)

− Pig
dVig

dt
(9)

with mig the mass,cv,ig the heat capacity at constant volume,Tig the temperature,Pig the
pressure andVig the volume of the inert gas.U is the global heat transfer coefficient between
the gas and the environment,Aig is the heat transfer surface area andTenv is the environmental
temperature. Equation (9) can be rewritten using the ideal gas law: PigVig = migrigTig, with rig

the specific gas constant, to the following form:

dPig

dt
=

UAig

cv,ig

(

rigTenv

Vig
−

Pig

mig

)

−

cp,ig

cv,ig

Pig

Vig

dVig

dt
(10)

wherecp,ig is the heat capacity at constant pressure.
Equation (10) is numerically integrated in time to obtain the accumulator pressure due to

volume changes in the system or subsequent cooling of the accumulator. The heat transfer be-
tween the accumulator and the environment is modeled takinginto account natural convection
on the outside of the accumulator and conduction through theaccumulator walls. The numeric
integration is performed with the common fourth order Runge-Kutta scheme (RK4). It should be
noted that Eq. (10) tends to isothermal compression at longer timescales (steady-state solutions)
and to isentropic compression at shorter timescales.

3. Analytical model

A simple analytical model, that describes the primary behavior of a two-phase system to the
size reduction, is presented in this section. After comparison with the more elaborate dynamic
model, it will serve in the final section to deduce design equations. The two parameters that need
to be accurately modeled are the boiling temperature and theexit vapor quality of the heat sink.
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The junction temperature of the electronics is strongly linked with the boiling temperature, as
the boiling temperature determines the coolant temperature in the two-phase region of the heat
sink. Additionally, a decrease in vapor quality means a decrease in two-phase length in the heat
sink and thus a decrease in convective heat transfer.

The equation of energy conservation in the heat sink can be written as:

ṁ (he − hi) = Q̇ (11)

with ṁ the mass flow rate,̇Q is the heat input,he andhi the exit and entrance enthalpy respec-
tively. The enthalpy difference between the exit and entrance of the heat sink can be split in a
single-phase part and a two-phase part. Assuming a small pressure drop in the single-phase part
of the heat sink and assuming that the heat capacity of the liquid is temperature independent this
leads to:

ṁ
(

cp(Tb − Ti) + xe∆h
)

= Q̇ (12)

where∆h is the heat of vaporization,Tb is the boiling temperature at inlet pressure, andxe is
the exit vapor quality. Using Eq. (12), the exit vapor quality can be calculated from the boiling
temperature:

xe =
Q̇

ṁ∆h
−

cp

∆h
(Tb − Ti) (13)

Alternatively the mass flow rate can be adjusted to keep a constant exit vapor quality. This leads
to:

ṁ =
Q̇

xe∆h + cp(Tb − Ti)
(14)

Finally through inlet temperature control, both the exit vapor quality and mass flow rate can be
kept constant for a changing boiling temperature.

From Eq. (13) it is clear that an increase in the boiling temperature results in a decrease in
the exit vapor quality. Additionally, from Eq. (14), using mass flow control, mass flow decreases
with a boiling temperature increase. Both these effects can lead to a decrease in the overall heat
transfer and coupled with a higher coolant temperature, undesirable, high, junction temperatures
in the electronics could arise. Therefore the influence on the boiling temperature of various loop
parameters needs to be investigated.

The absolute pressure has a strong impact on the boiling temperature through the Clausius-
Clapeyron relation, which relates the change in boiling temperature to a change in absolute pres-
sure:

dP
dT
=
∆h

T∆ν
(15)

where∆ν is the difference in specific volume between the vapor and liquid phase.Assuming
that the heat of vaporization and the specific volume difference are independent of pressure and
temperature (which is a reasonable assumption for relatively small changes in each of them), the
following expression can be derived from Eq. (15):

(Pb,2 − Pb,1) =
∆h
∆ν

ln
Tb,2

Tb,1
(16)
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Rewriting Eq. (16) leads to:

Tb,2 = Tb,1exp

(

∆P
∆ν

∆h

)

(17)

As ∆h and∆ν are always positive during boiling, the boiling temperature will increase exponen-
tially with a positive pressure change to the system. Alternatively because the vapor density is
usually much smaller than the liquid density,∆ν can be approximated byνg. Furthermore, the
vapor state function may be approximated by the ideal gas law. This leads to the following form
of the Clausius-Clapeyron relation, after integration:

Tb,2 = Tb,1
∆h

∆h − Tb,1r ln
(

∆p
Pb,1
+ 1

) (18)

Finally the boiling temperature rise could also be calculated using an appropriate materials prop-
erty program or diagram, for example REFPROP [42].

With a system configuration as in Fig. 1 the accumulator will set the lowest pressure in the
system. The pump will pressurize the rest of the system to a higher pressure to overcome the
various pressure losses. Thus the absolute pressure at the heat sink is set by two different effects,
one being the compression in the accumulator and the other being the pressure losses in the
system:

∆P = ∆Pacc + ∆Ploss (19)

with ∆Pacc the accumulator pressure increase and∆Ploss the total pressure losses. Both of pres-
sures differences are influenced by the exit vapor quality of the heat sink and the vapor quality
is in turn influenced by the absolute pressure at the heat sinkthrough Eq. (17) (or Eq. (18)), and
Eq. (13) when no control is used.

The accumulator pressure increase plays a crucial role in the overall performance of the
cooling system. Furthermore, it is strongly interlinked with parameters of the different system
components.

Pressure changes in the accumulator originate from volumetric changes in the loop. Because
of the small flow volume in the microchannel heat sink, most ofthe volumetric change of the loop
originates from the tubing between the heat sink and the heatexchanger as well as from the heat
exchanger. First the volumetric change in the connecting tubing will be investigated, afterwards
the volumetric change in the heat exchanger will be elaborated. When a transition from liquid
single-phase to two-phase occurs, the tubing between the heat sink and heat exchanger will hold
less mass due to the density decrease. However, the total mass in the system is constant and the
mass difference in the tubing has to flow to the accumulator. For the connecting tubing, assuming
that the vapor quality, vapor density and liquid density areconstant throughout the tubing, the
mass that flows to the accumulator can be calculated from:

∆mt = α(ρl − ρg)Vt (20)

whereVt is the volume of the tubing between the heat sink and the heat exchanger.
In the heat exchanger the two-phase flow condenses and thus the local void fraction is not

a constant. Assuming that the vapor density, liquid densityand cross sectional area of the heat
exchanger are constant, the mass flow to the accumulator can be calculated from:

∆mhe =
(

ρl − ρg

)

Vhe
1

Lhe

∫ Lhe

0
α(s)ds =

(

ρl − ρg

)

Vhe αav (21)
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WhereVhe is the two-phase volume of the heat exchanger,Lhe is the two-phase length,s is the
flow direction andαav the average void fraction in the heat exchanger. Note that inorder to
ensure that the preheater does not have to preheat the flow strongly, the single-phase region of
the heat exchanger is preferably small. Therefore the totalheat exchanger length and volume can
be used in the previous equations as a first approximation forthe two-phase length and volume.

However, because of its importance, a more detailed look at the two-phase volume and av-
erage void fraction is required. Assuming a constant∆h in the heat exchanger, the local vapor
quality at a locationL in the heat exchanger can be calculated from:

x(L) =
−

∫ L

0
Q′(s)ds

ṁ∆h
+ xi (22)

whereQ′ is the heat flow per unit length from the two-phase flow to the air. In general the heat
flow per unit length for a heat exchanger can be written as:

Q′ = UPm∆T (23)

whereU is the overall heat transfer coefficient,Pm is the perimeter associated withU and∆T
is the temperature difference between the two-phase coolant and the air. For a crossflow heat
exchanger with two-phase flow,∆T is a constant in the two-phase flow direction. The product
UP can be rewritten asUP = 1/Rtot,L, whereRtot,L is the total thermal resistance between the
two fluids per unit length. The total resistance includes both the convective resistance in the
fluids and a conduction resistance through the channel walls. For an air-liquid condenser, the
convective resistance on the air-side usually is the dominant thermal resistance. Furthermore,
for a cross-flow air-liquid condenser, this resistance can be assumed to be constant in the two-
phase flow direction. Additionally, the temperature difference is also a constant for such a heat
exchanger. Therefore the heat flow per unit length in the heatexchanger can be assumed to be
constant in the two-phase flow direction. Equation (22) simplifies to:

x(L) =
−Q′L
ṁ∆h

+ xi (24)

Thus, the vapor quality decreases linearly in the flow direction. Also Eq. (24) can be used to
estimate the two-phase length and volume of the heat exchanger. Namely the two-phase length
is the length in Eq. (24) that corresponds with a zero vapor quality:

Lhe =
xiṁ∆h

Q′
(25)

Using an appropriate void fraction correlation and assuming that the vapor quality decreases
linearly in the heat exchanger,αav can be calculated for a given inlet vapor quality. Accordingly,
based on the Zivi correlation [43], the void fraction can be written as:

αav =

(

ln
(

ρg

ρl

)2/3
− xi

)

(

ρg

ρl

)2/3
+ xi −

(

ρg

ρl

)2/3
ln

(

xi −
(

ρg

ρl

)2/3
(xi − 1)

)

(

(

ρg

ρl

)2/3
− 1

)2
xi

(26)

In Fig. 2, the average void fraction is plotted for a given inlet vapor quality for three different
refrigerants (R134a, R236fa and R245fa) and water at a boiling temperature of 45◦C.
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Figure 2: Average void fraction for a given inlet vapor quality for the heat exchanger.

Adding the two mass differences,∆mt and∆mhe, together and assuming incompressible liq-
uid flow, the following liquid volume change in the accumulator results:

∆Vacc =
∆mt + ∆mhe

ρl
=
α(ρl − ρg)Vt + αav(ρl − ρg)Vhe

ρl
(27)

For long time scales, isothermal compression can be assumedin the accumulator. This leads to
a pressure change given by:

∆Pacc

Pacc
=

Vacc

Vacc − ∆Vacc
− 1 (28)

wherePacc is the initial pressure in the accumulator,Vacc is the initial volume and∆Pacc is
the pressure increase from the volume change∆Vacc. Similarly for short time scales, or a well
insulated accumulator, isentropic compression can be assumed. This leads to a pressure change
given by:

∆Pacc

Pacc
=

Vκacc

(Vacc − ∆Vacc)κ
− 1 (29)

with κ the ratio of specific heats of the compressible gas.
For the isothermal case, combining Eq. (28) and Eq. (27) leads to:

∆Pacc =
Pacc(ρl − ρg)(αVt + αavVhe)

ρlVacc − (ρl − ρg)(αVt + αavVhe)
(30)
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Similarly for the isentropic case, combining Eq. (29) and Eq. (27) gives:

∆Pacc =
PaccVκacc

(

Vacc −
ρl−ρg

ρl
(αVt + αavVhe)

)κ − Pacc (31)

From Eq. (30) and (31) one can see that an increase in void fraction,α orαav, tubing volumeVt,
two-phase heat exchanger volumeVhe or initial pressurePacc will result in an increased pressure
change. Additionally, a decrease in accumulator volumeVacc will also result in an increased pres-
sure change. Finally the isentropic pressure change will behigher than the isothermal pressure
change.

Neglecting the influence of the frictional pressure losses,Eq. (30) or Eq. (31), together with
Eq. (17) or Eq. (18) and Eq. (12), Eq. (13) or Eq. (14) and an appropriate void fraction correlation,
can be used to iteratively calculate the exit vapor quality and the boiling temperature. The results
from this simplified model will be compared to the numerical results from the system model in
the next section.

4. Results and discussion

In this section results from the numerical system model are discussed and compared to the
analytical model of the previous section. Additionally, the influence of various loop parameters
on the size effects are discussed. Finally, using the analytical model thedesign of the accumulator
in regard to size effects is elaborated.

4.1. Test case

The values for the test case are chosen to represent a typicaldesktop application with a
relatively high heat input.

The microchannel heat sink is modeled as a 12.1 mm wide, 12 mm long and 750µm thick
silicon plate with 60 etched microchannels of 500µm height and 100µm width. The wall thick-
ness of the channel walls is 100µm. Surface roughness is neglected in both microchannels and
tubing. A constant heat input of 200 W is used as heat input to the heat sink.

Three different types of refrigerants are used namely R134a, R236fa and R245fa. The tubing
in the loop and the pump has an internal diameter of 4 mm. The pump is set to a flow speed
that gives an exit vapor quality ofxe = 0.3, assuming that boiling starts at the inlet of the heat
sink. This typically results in a flow speed of 0.3 m/s for the refrigerants considered, effectively
delivering a mass flow rate of 0.0038 kg/s for R245fa, 0.005087 kg/s for R236fa and 0.004336
ks/s for R134a. The accumulator is pressurized to 2.9446 bar for R245fa, 5.1566 bar for R236fa
and 11.778 bar for R134a. This results in boiling temperatures ofTb = 318 K, orTb = 45 ◦C.
These boiling temperatures (and thus accumulator pressures) have been chosen to be somewhat
realistic as the heat exchanger needs to be able to effectively transfer all the heat to the environ-
ment at this temperature. Furthermore, the inlet temperatures are initially set atTi = Tb − 3K or
3 K subcooling by the preheater. This guarantees plenty of boiling in the microchannels with a
well sized accumulator.

The heat exchanger is modeled as a dual pass cross-flow louvered fin air liquid heat ex-
changer, with 6 flow channels of 20 mm height and a total flow length of 0.24 m. Additionally,
the fin pitch is 1.5 mm, the fin thickness is 0.1 mm, the fin height is the same as the channel
spacing, i.e. 10 mm, and the fin depth is the same as the channelheight or the air flow depth, i.e.
20 mm. The louver pitch is 2.5 mm, louver length is 8 mm and the louver angle is 25◦.
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Table 1: Simulation parameters

W (mm) L (mm) th (µm) n (-) hch (µm) wch (µm) ww (µm)
12.1 12 750 60 500 100 100

Q (W) dt (mm) Lhp (m) Lacc (mm) Lhe (m) nhe (-) hhe (mm)
200 4 0.1 25 0.24 6 20

Fih (mm) Fip (mm) Fit (mm) Fid (mm) Lop (mm) Lol (mm) Loα (◦)
10 1.5 0.1 20 2.5 8 25

The connecting tubing between the pump and heat sink is 0.1 m long and the tubing length
between the heat exchanger and the pump is also 0.1 m. The connection to the accumulator
is made halfway between the heat exchanger and the pump. The tubing to the accumulator
itself is 25 mm. The previous dimensions are kept constant for all simulations. However, the
diameter and length of the tubing between the heat sink and heat exchanger, the width of the
flow channels in the heat exchanger, the heat exchanger fan speed and the compressible volume
in the accumulator will be varied. These are nominally set at: connecting tubing diameter and
length of 4 mm and 20 cm, heat exchanger flow channel width of 1 mm and air flow speed of 1
m/s. The various simulation parameters are summarized in Table 1.

For the numerical simulations convergence criteria are setto 10−8 for the normalized hy-
draulic and energy residuals. The normalization of these residuals is done using the residuals of
the second iteration. The flow loop simulation is initialized at a constant pressure, equal to the
accumulator pressure, a constant temperature (equal to theboiling temperature minus 3 K) and
an arbitrary guessed flow speed. A steady state solution of the loop is obtained when subsequent
changes in the exit vapor quality of the transient solution are smaller than 10−4. For the isentropic
size effects the solutions are obtained similarly but with the heat transfer from the accumulator to
the environment turned off. This allows the flow to reach a steady state solution while simulating
a well insulated, isentropic (air based) accumulator with aκ of 1.4.

4.2. Isothermal and isentropic size effects

In this section the results of the simulations are discussed. The effect of the accumulator size,
the influence of smaller tubing between heat sink and heat exchanger, smaller flow channels in
the heat exchanger, changes in the fan speed and the influenceof the coolant are all investigated.

Effect of Accumulator Size
In Fig. 3 the boiling temperature of the heat sink is plotted in function of the compressible

accumulator volume for isothermal and isentropic volume changes, using no mass flow or tem-
perature control for R245fa. The accumulator size is variedfrom 1m3 to 2×10−6 m3. Apart from
the results of the numerical model, the boiling temperatureis also calculated using the analytic
models from the previous section. The various curves for theanalytical models are calculated us-
ing different equations for the boiling temperature, i.e. Eq. (17),Eq. (18) or a material properties
program.
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Figure 3: Boiling temperature of the heat sink in function ofthe compressible accumulator volume, for isothermal and
isentropic size effects.

From the results it is clear that the accumulator can have a large effect on the boiling temper-
atures at smaller volumes. For this particular case, an accumulator volume of 10−3 will start to
have an effect on the exit vapor quality.

As can be seen from the figure, all analytic models perform quite well at smaller accumulator
volumes. At higher accumulator volumes the analytic modelsdiverge from the numerical results
because these models do not take into account the pressure losses in the system. Indeed, these
pressure losses will increase the boiling temperature somewhat at higher accumulator volumes.
As the focus of the current paper is on the smaller accumulator volumes, the analytic models can
be used for interpretation of the size effects. Furthermore, it can be seen that the more accurate
the coolant properties are taken into account the more accurate the prediction is.

In Fig. 4 the effect of the compressible accumulator volume on the exit vaporquality is shown
for isothermal and isentropic volume changes, using no massflow or temperature control for
R245fa. From the results it is clear that the accumulator canhave a large effect on the exit vapor
quality at smaller volume ratios. As is the case with the boiling temperature, an accumulator
volume of 10−3 will start to have an effect on the exit vapor quality. Again the isentropic size
effects are somewhat stronger, resulting in a lower exit vapor quality, than the isothermal size
effects.

It can be concluded, that the simplified models perform quitewell in calculating the exit
vapor quality for small accumulator volumes.

In Fig. 5 the boiling temperature of the heat sink is plotted in function of the compressible
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Figure 4: Exit vapor quality of the heat sink in function of the compressible accumulator volume, for isothermal and
isentropic size effects.

accumulator volume for isothermal volume changes, for different control techniques for R245fa.
As a reference case, the situation without control, meaninga constant mass flow rate and inlet
temperature, is examined. This means using Eq. (13) to calculate the exit vapor quality. The sec-
ond control technique involves modifying the mass flow rate to keep a constant exit vapor. This
ensures always plenty of two-phase flow in the heat sink, regardless of the boiling temperature.
This mass flow rate can be calculated form Eq. (14). For the results plotted in Fig. 5 the exit vapor
quality is set to 0.3, this ensures plenty of boiling while still providing a safety factor for dry-out
[15]. For the final control technique the heat sink inlet temperature is controlled to always have
the same temperature difference between the inlet temperature and the boiling temperature. For
a constant heat input this results in a constant exit vapor quality and mass flow.

From Fig. 5 it can be seen that the inlet temperature control has the largest size effects,
followed by the mass flow control and finally using no control.The reason for this is that the two
control techniques keep the exit vapor quality constant andthus the void fraction in the tubing and
heat exchanger is also constant. In the case of no control, the vapor quality and hence the void
fraction goes to zero at lower accumulator volumes. Finallythe difference between mass flow
control and temperature control arises from the effect on the heat exchanger. Looking at Eq. (25),
the two-phase volume changes with exit vapor quality, mass flow and the heat flow per length
in the heat exchanger. The heat flow per length can be calculated from Eq. (23). Because the
overall thermal resistance between the coolant and the air is dominated by the air-side, changes
in the mass flow or exit vapor quality will only affect the heat transfer at very small mass flow
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Figure 5: Results from the numerical model for different control techniques.

rates and vapor qualities. Therefore, theUPm factor in Eq. (23) can be considered to be constant.
However, the temperature difference will increase with an increase in boiling temperature. From
this it is clear that the heat flow per length increases with anincrease in boiling temperature. This
effect is equal for the mass flow control and temperature control. Because the mass flow and exit
vapor quality is constant for the temperature control, the two-phase volume will decrease slightly
by the increase in boiling temperature. However, for the mass flow control, the two-phase volume
in the heat exchanger will decrease even more because of the mass flow decrease at increasing
boiling temperature. This mass flow decrease originates from the control mechanism. Eq. (25)
shows that a decrease in mass flow results in a decrease in two-phase length. Because of the
smaller two-phase volume in the heat exchanger, the size effects of mass flow control will be
lower than with temperature control.

Smaller Tubing Between Heat Sink and Heat Exchanger
It is clear from the previous section, Eq. (30) and Eq. (31), that the minimal affordable accu-

mulator size is strongly linked with the connecting tubing and heat exchanger volume (Vt andVhe

respectively). Therefore, in order to minimize the accumulator size without affecting the pressure
changes (and thus changes in the boiling temperature), smaller connecting tubing is necessary.

This is confirmed in Fig. 6 which shows boiling temperature infunction of the accumulator
compressible volume, with isothermal size effects, no control and different tubing lengths for
R245fa. The length of the tubing is varied from 20 cm to 5 cm while the diameter is kept
constant at 4 mm. As can be seen from the figure, a smaller accumulator can be used without
having detrimental effects on the boiling temperature. In addition, the effect is further supported
by the fact that a decrease in length will decrease the pressure losses in the system as well as the
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Figure 6: Results from the numerical model for different tubing lengths.

boiling temperature at higher accumulator volumes. Although since the pressure losses in the
tubing are relatively small, the latter effect is practically not noticeable in Fig. 6.

In Fig. 7 the boiling temperature is plotted in function of the accumulator compressible vol-
ume, with isothermal size effects, no control and different tubing diameters for R245fa. The
diameter of the tubing is varied from 4 mm to 2 mm. The length iskept constant at 20 cm. From
Fig. 7 there is clear a detrimental effect of a diameter decrease at higher accumulator volumes.
This is because a smaller diameter will lead to larger pressure losses, which in turn will lead
to higher boiling temperatures. However, at smaller accumulator volumes, the opposite is true.
There the pressure change due to the accumulator will becomedominant. In addition a diameter
decrease will result in a volume decrease of the tubing. Thus, the smaller diameter tubing will
have a lower boiling temperature. Therefore, the size effects of different diameters intersect with
each other at certain accumulator volumes

Smaller Tubing of the Heat Exchanger and Changing Fan Speed
Another way to decrease the accumulator size, is by minimizing the two-phase volume in

the heat exchanger. This can be done, either by decreasing the flow volume without lowering
the overall heat transfer or by increasing the overall heat transfer at the same flow volume. The
former can be done by decreasing the flow channel width, as this will decrease the flow vol-
ume without strongly affecting the air side heat transfer, which is the restrictive side of the heat
transfer. The latter can be done by increasing the air speed at the air side.

Figure 8 shows boiling temperature in function of the accumulator compressible volume,
with isothermal size effects, no control and for different heat exchanger flow channel widths for
R245fa. The width of the flow channels is varied from 4 mm to 1 mmwhile the other heat
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Figure 7: Results from the numerical model for different tubing diameters.

exchanger dimensions are kept constant. As can be seen from the figure, lowering the flow
channel width, improves the boiling temperature for the same accumulator size.

Figure 9 shows boiling temperature in function of the accumulator compressible volume,
with isothermal size effects, no control and for different heat exchanger air speeds for R245fa.
The air speed is varied from 3 m/s to 0.5 m/s while the other heat exchanger dimensions are kept
constant. Increasing the air speed improves the boiling temperature for the same accumulator
size. This is due to a decrease in two-phase volume in the heatexchanger, which results in
smaller size effects (according to Eq. (30)).

Effect of Coolant
In this section the effects of different refrigerants on the cooling system performance are

given, using no control. Results are obtained for R245fa, R236fa and R134a. Using the set-
tings of the test case, the resulting exit vapor quality of the three different refrigerants are ap-
proximately the same (R245fa: 0.2776, R236fa: 0.2747, R134a: 0.2753). This allows for a
representative comparison of the different coolants.

In Fig. 10 the isothermal and isentropic results for different coolants are shown. At higher
accumulator volumes R245fa shows the highest boiling temperature, followed by R236fa and
finally R134a. Again the boiling temperature at higher accumulator volumes is set by the pressure
losses in the system. Therefore, the pressure losses using R245fa are the highest, followed by
R236fa and R134a. At lower accumulator volumes, where the accumulator effects are dominant,
the same order of boiling temperature holds. Additionally,the different coolants start to be
influenced by the accumulator size at roughly the same accumulator volume. This is because the
tubing and heat exchanger volume is a dominant parameter in the accumulator pressure changes,
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Figure 8: Results from the numerical model for different heat exchanger flow channel widths.

and these volumes are practically independent of the coolant used. However, the individual
coolants react differently to pressure changes in the accumulator. This is apparent because the
slope of the curves is different for each coolant. From these results it is clear that R134a performs
the best and R245fa performs the worse in regard to size effects.

5. Accumulator design

In the previous section the magnitude and the influence of system parameters on the size
effects are investigated. In this section the design of the accumulator in order to cope with these
size effects is elaborated, using the analytic models previously developed.

Starting from an admitted boiling temperature rise (Tb,2/Tb,1) the resulting accumulator vol-
ume can be deduced from the analytical models.

From the analytical model an expression can be derived to calculate the necessary accumu-
lator size for a given system and allowable boiling temperature rise. Neglecting the influence of
friction losses, rewriting Eq. (31) and solving forVacc gives:

Vacc = (αVt + αavVhe)
ρl − ρg

ρl
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(32)

where∆p is the boiling pressure increase associated with an allowable boiling temperature rise
of Tb,2/Tb,1. This term can be calculated using a material properties program. However, from the
previous section the other analytical models for the boiling pressure increase perform similarly
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Figure 9: Results from the numerical model for different heat exchanger air speeds.

well. Therefore, either Eq. (16) or Eq. (18) can also be used.Using Eq. (16) the following form
is obtained:

Vacc = (αVt + αavVhe)
ρl − ρg
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Alternatively using Eq. (18) gives:

Vacc = (αVt + αavVhe)
ρl − ρg
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(34)

These general equations can be used to calculate the necessary accumulator volume for isentropic
size effects (κ > 1) and isothermal size effects (κ = 1). The only factors of Eq. (32) that are not
strictly material properties are (αVt + αavVhe)., which represents the size of the cooling system,
and∆p, which represents the allowable boiling temperature rise.For a relatively small boiling
temperature rise or using mass flow or temperature control, Eq. (32), Eq. (33) or Eq. (34) can be
directly used to calculate the necessary accumulator size,using the design values for the vapor
quality. However, for a larger temperature rise and no control, the vapor quality and hence the
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Figure 10: Isothermal and isentropic results from the numerical model for different coolants.

(αVt + αavVhe) factor will start to deviate. Eq. (13) can be rewritten as:

xe =
Q̇

ṁ∆h
−

cp

∆h

(

Tb,2

Tb,1
Tb,1 − Ti

)

(35)

Using Eq. (35) to calculateVhe, together with a suitable void fraction correlation to calculate
α andαav, provides the necessary adjustments to Eq. (32), Eq. (33) and Eq. (34) to correctly
calculate the necessary accumulator size.

In Fig. 11 the results for both isothermal and isentropic size effects from the different models
for R245fa are plotted. Model A corresponds to Eq. (33), model B to Eq. (34) and model C to
Eq. (32). From Fig. 11 it is clear that the different models do not deviate strongly and that the
isentropic size effects are again stronger than the isothermal size effects.

In Fig. 12 the results for the isothermal size effects of different refrigerants, using model C
are plotted. Similarly to the results of the previous section, R245fa has the worst performance
in regard to size effects, followed by R236fa and finally R134a. This means that R245fa needs
a larger accumulator for the same allowable boiling temperature rise. Also note that the needed
accumulator volume of R134a and R236fa goes to zero at a certain allowable boiling temperature
rise. This is because at these high boiling temperatures, the flow does not reach the boiling
temperature in the heat sink. Thus, the flow remains liquid, single-phase throughout the system.
Eventually the results of R245fa will also go to zero at a higher boiling temperature rise.

In Fig. 13 the results for the isothermal size effects of different control techniques, using
model C, for R245fa are plotted. Also similar to the results of the previous section, temperature
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Figure 11: Necessary accumulator volume in function of the allowable boiling temperature rise from the analytic model
A, B and C.

control has the worst performance in regard to size effects, followed by mass flow control and
finally no control. No control performs the best, because thevapor quality and hence the void
fraction go to zero when the flow is fully single-phase in the system. With mass flow control
and temperature control the flow will always be two-phase in the system, because the exit vapor
quality is kept constant by controlling either the mass flow or the inlet temperature. Mass flow
control performs better than temperature control, becausea decrease in mass flow at higher
boiling temperatures means a decrease in two-phase volume in the heat exchanger. With the
temperature control both the void fraction and mass flow, andhence the two-phase volume in
the heat exchanger will remain constant. From Fig. 13 it seems that both mass flow control and
temperature control tend to a certain asymptote at higher boiling temperatures. This is not the
case as the flow will approach the critical point of the coolant at a certain point.

In Fig. 14 the results for the isothermal size effects for mass flow and inlet temperature
control, using model C are plotted for different refrigerants at higher boiling temperature rise.
From Fig. 14 it is clear that even for mass flow and inlet temperature control, the accumulator
volume goes to zero. As mentioned before this is because the coolant reaches the critical point
at these higher boiling temperatures.

6. Conclusion

A parameter study is performed, using a state of the art dynamic system model, on the size
effects of a small cooling system. It is shown that an increase inboiling temperature coupled by
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Figure 12: Necessary accumulator volume in function of the allowable boiling temperature rise for different refrigerants
using model C.

a decrease in exit vapor quality or mass flow can lead to an unintended high junction tempera-
ture. In particular the accumulator and its interaction with the connecting tubing and the heat
exchanger play an important role in changing these properties. Additionally, the pressure losses
in the system also contribute to changes in the boiling temperature.

An analytical model is developed to predict these size effects in a simple way. It shows good
results when compared to the results from a numerical model previously developed. Although it
is an iterative model, it converges fast and is simple enoughto be used in hand calculations to
make first order estimates of the size effects on the cooling system performance.

A close link exists between the connecting tubing volume, heat exchanger two-phase volume
and the minimal allowed accumulator size. Smaller connecting tubing allows a smaller accumu-
lator because there is less volumetric change in the loop during transition from single-phase to
two-phase. Therefore, it is useful to minimize the tubing length. However, lowering the cross
section of the tubing can have a detrimental effect at large accumulator size due to the increase
in pressure losses in the system. A similar conclusion can bedrawn for the flow channel width
of the heat exchanger channels. Finally increasing the air side heat transfer performance (by in-
creasing the air flow for example) of the heat exchanger will also decrease the two-phase volume
in the heat exchanger and therefore improve the size effects.

Additionally, a design equation is developed from the analytical model to calculate the needed
accumulator size for a given allowable boiling temperaturerise. Using this design equation it is
shown that already substantial accumulator sizes are needed at low boiling temperature rises. The
performance of three different refrigerants (R134a, R236fa, R245fa) in regard to thesize effects
is investigated. It is shown that for similar flow conditions, R134a performs the best and R245fa
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Figure 13: Necessary accumulator volume in function of the allowable boiling temperature rise for different control
techniques using model C.

performs the worst. Finally three different control techniques (no control, mass flow control and
inlet temperature control) are also compared. Of these, temperature control has the worst size
effects, followed by mass flow control and finally no control.
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Nomenclature

Variables

A cross sectional area [m2]

Cc contraction coefficient [-]

cp heat capacity at constant pressure [J/(kgK)]

cv heat capacity at constant volume [J/(kgK)]

d diameter [m]

Dh hydraulic diameter [m]
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Figure 14: Necessary accumulator volume in function of the allowable boiling temperature rise for mass flow and inlet
temperature control at high temperature rises, using modelC.

F frictional and local pressure losses [N/m3]

f Darcy friction factor [-]

Fi fin

G mixture mass flux [kg/(m2s)]

g gravitational acceleration [m/s2]

h enthalpy [J/kg]

h mixed-cup enthalpy [J/kg]

h⋆ mixture specific enthalpy [J/kg]

K local pressure loss factor [-]

k thermal conductivity [W/(mK)]

L length [m]

Lhp length tubing between heat exchanger and pump [m]

Lo louver
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ṁ mass flow [ks/s]

m mass [kg]

n number of channels [-]

P pressure [Pa]

Pm perimeter of flow channel [m]

Q̇ heat flow [W]

q heat flux [W/m2]

R thermal resistance [K/W]

r specific gas constant [J/(kgK)]

Re Reynolds number [-]

s streamwise coordinate [m]

t time [s]

Tc mixture temperature [K]

th thickness silicon substrate [m]

U global heat transfer coefficient [W/(m2K)]

u velocity [m/s]

V volume [m3]

W width [m]

ww microchannel wall width [m]

x vapor quality [-]

Greek Symbols

α void fraction [-]

κ ratio of specific heats [-]

µ dynamic viscosity [Pas]

ν specific volume [m3/kg]

ρ mixture density [kg/m3]

ρ′ apparent momentum density [kg/m3]

ρ′′ apparent energy density [kg/m3]

σ flow area contraction [-]
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θ inclination degree [-]

Subscripts

acc accumulator

av average

b boiling

ch microchannel

e exit

g vapor

he heat exchanger

env environment

i entrance

ig inert gas

l liquid

t tubing
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